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ABSTRACT 


Engine  cycle  studies  in  which  compressor  component  perfor¬ 
mance  anticipated  in  1973  was  used  were  conducted  to  select 
operating  conditions  for  a  3-pound-per-second  front-drive  gas 
turbine  optimized  for  minimum  specific  fuel  consumption  (SFC) 
at  60-percent  power.  Fixed  turbine  geometry  was  assumed. 
Preliminary  matching  studies  of  seven  combinations  of  axial 
and  centrifugal  compressor  stages  were  conducted  to  accomplish 
cycle  requirements  for  20-,  30-,  60- ,  and  100-percent-power 
operation. 

The  compressor  type  selected — two  axial  stages  employing 
variable  inlet  guide  vanes  plus  one  centrifugal  stage — was 
configured  in  a  preliminary  design  for  application  in  a 
preliminary  engine  layout.  Shaft  mechanical  design  problems 
were  encountered  because  of  the  small  hub  dia^^eter  of  the 
first  axial  stage  and  the  shaft  length  required.  A  con5>res- 
sor  consisting  of  a  single  axial  stage  with  variable  inlet 
guide  vanes  and  a  fixed-geometry  single-stage  centrifugal 
compressor  was  configured  and  incorporated  in  a  preliminary 
engine  layout.  Conroonent  and  overall  con5>ressor  maps  were 
calculated  for  this  configuration.  The  performance  of.  an 
engine  employing  this  con^ressor  was  calculated  over  the  20- 
to  100-percent-power  range.  Comparisons  were  made  between 
matched  coii5)onent,  compressor,  cind  engine  performance  with 
sin^lified,  idealized  compressor  and  engine  perf orinance . 

The  results  of  this  study  indicated  that  a  cycle  pressure 
ratio  of  10.5:1  at  60-percent  power  was  optimum  for  a  turbo¬ 
shaft  engine  of  the  above  design  requirements.  Hie  matching 
problem  was  concentrated  in  extending  the  operating  airflow 
range  of  the  eixial  compressor,  whether  single-stage  or  two- 
stage.  Variable  inlet  guide  vanes  provide  the  best  solution 
to  the  matching  problem.  The  matching  problem  was  unaffected 
by  the  choice  of  mciximum  turbine  inlet  temperature,  so  2500*^ 
was  selected  on  the  basis  of  minimum  SFC  and  maximum  specific 
power.  An  engine  having  a  single-stage  cixial  and  a  single- 
stage  centrifugal  as  the  compressor  combination  offers  an  SFC 
of  0.492  at  60-percent  power  (475  horsepower) .  With  a  two- 
stage  axial  and  a  single-stage  centrifugal  as  the  compressor 
combination,  the  calculated  SFC  at  60-percent  power  is  0.479. 
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1. 


INTRODUCTION 


1.1  GENERAL 

This  report  describes  the  work  accomplished  and  the  analytical 
results  achieved  on  a  small  ax„al- centrifugal  compressor 
matching  study  progrcim.  This  matching  program  was  con¬ 
ducted  to  achieve  a  viseful  combination  of  advanced  axial- 
centrifugal  compressor  stages  for  maximum  efficiency  operation 
at  conditions  representing  engine  part  load.  The  analytical 
results  of  this  program  as  reported  herein  better  define  the 
nature  of  the  axial-centrifugal  compressor  matching  problem, 
identify  promising  matching  schemes.-  and  determine  the  optimum 
cycle  pcirameters  for  cin  assumed  engine. 

1.2  ASSUMED  ENGINE 

To  provide  a  bcisis  for  this  matching  study,  an  engine  was  de¬ 
fined  and  Ccin  be  summarized  as  a  front-drive  turboshaft  engine, 
with  adveuiced  components  reflecting  performance  levels  con¬ 
sidered  to  be  achievable  within  a  3-year  development  period. 

The  engine  was  sized  for  3-pound-per-second  airflow,  and  the 
turbine  inlet  temperature  for  lOO-percent  power  was  selected 
to  be  2500 ®F.  The  turbine  eii?>ioys  fixed  geometry  and  includes 
an  air-cooled  gasifier  section  and  a  free-power- turbine 
section.  All  engine  components,  including  the  axial/ 
centrifugal  compressors,  were  configured  to  achieve  minimvan 
specific  fuel  consumption  for  60-percent  power  (first  pri¬ 
ority)  and  30-percent  power  (second  priority) . 

1.3  PRCX5RAM  LOGIC 

This  program  has  been  conducted  in  four  tasks ,  I  through  x’. . 
Tasks  I  and  II  included  major  efforts  of  an  iterative  nature 
for  tentative  analyses.  A,  and  for  final  analyses,  B,  for  a 
total  of  six  major  program  activities.  These  program  activi¬ 
ties  were  conducted  and  are  reported  as  outlined  below  and  as 
shown  on  the  program  logic  diagram.  Figure  1. 

TASK  lA  -  ENGINE  CYCLE  ANALYSIS  -  TENTATIVE 

TASK  IIA  -  COMPRESSOR  DESIGN  AND  M.’^TCHING  -  TENTATIVE 

TASK  IB  -  ENGINE  CYCLE  ANALYSIS 

TASK  IIB  -  COMPRESSOR  DESIGN  AND  MATCHING 

TASK  III  -  CO.MPRESSOR  PERFORMANCE  PREDICTION 

TASK  IV  -  ENGINE  PERFORMANCE  PREDICTION 

A  brief  description  of  these  tasks  is  presented  in  the 
following  subparagraphs. 
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1.3.1  Task  lA  ~  Engine  Cycle  Analysis,  Tentative 


Design-point  cycle  assumptions,  including  axial-centrifugal 
compressor  efficiencies,  were  projected  3  years.  Design-point 
analysis  was  conducted  and  selection  was  made  for  off-design 
analyses  (P4/P1  at  50-percent  power  =  9:1,  10:1,  11:1,  12:1, 

13  :1,  and  14:1) . 

An  idealized  compressor  map  and  component  maps  were  estimated. 
Off-design  analyses  were  conducted.  Design-point  pressure 
ratios  were  tentatively  selected  to  be  9.5:1,  10.5:1,  and 
11.5:1.  Compressor  cycle  requirements  were  estimated  for 
these  cases. 

1.3.2  Task  IIA  -  Compressor  Design  and  Matching,  Tentative 

Aerodynamic  design  and  compressor  matching  studies  were  con¬ 
ducted  for  9.5:1  two-stage  axial  (AA)  and  single-stage  cen¬ 
trifugal  compressors  (C) .  Seven  matching  combinations  were 
compared,  and  the  best  was  tentatively  selected  to  be  a  single¬ 
spool  compressor  (SS)  with  variable  inlet  guide  vanes  {VI GV) 
for  axial  compressor  and  fixed  geometry  (FG)  for  a  centrifugal 
compressor  (AAVIGV  +  CFG) .  Aerodynamic  design  and  compressor 
matching  were  conducted  for  10.5:1  and  11.5:1  compressors  with 
the  selected  AAVIGV  +  CFG  matching  combination. 

1.3.3  Task  IB  -  Engine  Cycle  Analysis 

Engine  cycle  analysis  was  conducted  based  on  cycle  assumptions 
from  Task  lA,  except  that  compressor  performance  is  from  Task 
IIA.  Optimum  design-point  pressure  ratio  was  selected  to  be 
P^/Pj.  =  10.5:1  and  compressor  cycle  requirements  were  esti¬ 
mated. 

1.3.4  Task  IIB  -  Con^ressor  Design  and  Matching 

Pursuant  to  the  design  of  the  selected  compressor  (AAVIGV  + 

CFG,  P4/Pi  at  60-percent  power  =  10.5:1),  initial  iterations 
were  conducted  to  establish  the  aerodynamic  design,  matching, 
and  mechanical  configuration.  Based  on  the  results  of  these 
initial  design  iterations,  a  design  redirection  was  determined 
to  finalize  the  design  of  an  AVIGV  +  CFG  compressor  (P4/P1  at 
60- percent  power  =  10.5:1). 

1.3.5  Task  III  -  Compressor  Performance  Predictions  ♦ 

Compressor  performance  predictions  for  the  final  ccxapressor 
are  displayed;  axial  and  centrifugal  tip- velocity  triangles 
are  shown  for  30- ,  60- ,  and  100-percent-power  points. 
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1.3.6  Task  IV  ~  Engine  Performance  Predictions 

I^ngine  cycle  analysis  was  conducted  based  on  cycle  assumptions 
frcwa  Task  lA  and  final  compressor  design  =  10.5,  AVIGV 
+  CFG) .  Data  are  displayed  as  listed  in  Figure  1< 
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ENGINE  <r^CLE  AIRLYSIS  fTEMTATIVB) 


.  TASK  lA, 


2.1  GENERAL 

Engine  cycle  analyses  were  conducted  to  select  the  best  com¬ 
bination  of  cycle  pressure  ratio  and  turbine  inlet  temperature 
for  minimum  SFC  at  the  60-percent-power  (first  priority)  and 
30-percent-power  (second  priority)  points.  Analyses  included 
design  and  off-design  operation  for  an  assumed  engine  with 
advanced  con^nents. 

■Rie  engine  configuration  selected  for  study  was  a  front-drive 
turboshaft  engine  with  a  free  turbine.  Fixed  turbine  geometry 
was  assumed.  TSie  engine  was  sized  for  3.0  pounds  per  second 
airflcsw  at  the  60-percent-power  point  designated  for  this 
study  as  the  design  point.  The  IQO-percent-power  point  was 
defined  for  operation  at  2500 ®F  turbine  inlet  temperature 
(TIT) . 

2.2  DESIGN-POINT  CYCLE  ASSOMPTIDNS 

Design-point  cycle  assumptions  were  estimated  to  reflect  ad¬ 
vanced  technology  achievable  within  a  3-year  development 
period. 


Con^nent  and  overall  compressor  performance  estimates  for 
design-point  operation  were  made  as  reported  in  Paragraph 
2....1.  All  other  cycle  assumptions  were  made  as  summarized 
in  Appendix  l  of  this  report.  'Jogether,  these  estimates 
form  the  basis  of  the  design-point  analyses  conducted  for 
this  program. 

2.2.1  gii^aressor  Performance  Estimates  (Design-Point) 

Overall  compressor  efficiency  estimates  were  made  based  r 
cntrent  technology  and  cn  advanced  technology  projection 
considered  to  be  achievable  within  a  3-ye2u:  develojmsent 
period.  niis  study  was  coc^leted  for  the  two  multistage 
compressor  configurations  of  interest  in  this  program— a 
single-stage  axial  plus  single-stage  centrifugal  configura¬ 
tion,  and  a  two-stage  axial  plus  single-stage  centrifugal 
configuration.  The  component  performance  estimates  are 
based  on  examination  of  test  data  and  advanced  technology 
projections  for  single-stage  axial,  two-stage  axial,  and 
single-stage  centrifugal  compressors,  as  reported  in  the 
following  subparagraphs.  The  overall  compressor  efficiency 
levels  are  based  on  the  axial  and  centrifugal  compressor 
predictions,  with  optimum  matching  assumed  for  peak  efficiency 
opexration  of  all  compressor  stages  for  all  design-point 
pressure  ratios  considered. 
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2. 2. 1.1  Single-Stage  Axial  Compressors 


The  data  for  nine  single-stage  axial  compressors  examined 
included  stage  efficiency,  pressure  ratio,  surge  margin, 
and  tip  speed  as  displayed  in  Figure  2#  The  data  in¬ 
cluded  maximum  efficiencies  observed  at  design  speed  and 
at  some  off-design  speeds  as  noted.  The  data  displayed 
were  reported  from  1961  through  1968  and  include  the 
results  of  the  advanced  technology  compressor  developed 
under  contract  to  USAAVLABS  and  reported  in  Reference  1, 

Figure  2  contains  the  values  of  efficiency  versus  pres¬ 
sure  ratio  and  surge  margin  versus  tip  speed  for  the 
various  data  and  displays  the  current  and  projected 
efficiency  levels  versus  pressure  ratio.  Ihe  envelope 
of  the  data  is  used  to  define  design-point  efficiency 
levels  for  current  technology. 

For  axial  compressors  used  to  superchcirge  centrifugal 
compressors,  efficiency  increases  over  the  current 
level  indicated  in  Figure  2  will  probably  come  from 
loss  reductions  at  supersonic  Mach  numbers  and  at  high 
diffusion  factors.  As  tip  speed  is  increased  to  ac¬ 
commodate  present  D-factor  limits,  the  rotor  hub/tip 
ratio  increases.  This  increase  in  hub-tip  ratio  is 
limited  by  tlie  amount  of  interstage  duct  distortion 
between  the  axial  and  centrifugal  stages.  As  a  con¬ 
sequence,  rotor  tip  amd  rotor  and  stator  hub  D-factor 
limits  must  be  met  with  increasing  blade  number  and/or 
chord  length  as  single-stage  pressure  ratio  increases. 
Either  approach  increases  wetted  area  and  wake  sizes. 

.As  chord  length  increases,  blade  aspect  ratio  decreases. 
T^is  is  a  direction  toward  decreased  efficiency. 

Limiting  the  increase  in  hub/tip  ratio  results  in 
lower  rotor  tip  speeds  than  might  otherwise  be  chosen, 
but  tip  relative  Mach  numbers  of  1,5  or  over  will  still 
have  to  be  accepted  at  stage  pressure  ratios  from  2.5 
to  3.0. 

A  3-year  efficiency  improvement  line  has  been  projected 
as  shown  in  Figure  2.  wo  efficiency  gain  is  expected 
at  single-stage  pressure  ratios  of  1.7:1  or  lower.  The 
greatest  improvassent  is  expected  at  pressure  ratios 
greater  than  2.0:1,  where  Mach-numbsr  and  D-factor  limits 
are  taxed  the  mo5t.  Benefits  will  more  probably  be 


7 


derived  from  extending  Mach-number/D- factor  limits  than 
from  reducing  minimum  loss.  Some  success  has  been  shown 
with  tancem  cascades  in  extending  the  D-factor  limit. 

Now  supersonic  blade  sections  and  new  design  approaches 
could  possibly  be  conceived  to  reduce  shock  losses. 

2.2. 1.2  Two-Stage  Axial  Compressors 

Test  data  were  examined  for  five  two-stage  axial  com¬ 
pressors  and  included  stage  efficiency ,  pressure  ratio, 
surge  margin,  eind  tip  speed  as  displayed  in  Figure  3. 

The  data  for  the  tv'o-stage  axial  compressors  included 
maximum  efficiencies  observed  at  design  speed  and  at 
some  off-design  speeds  as  noted. 

Figure  3  displays  the  values  of  efficiency  versus  pres¬ 
sure  ratio  and  surge  margin  versus  tip  speed  for  the 
various  data  and  displays  the  current  and  projected 
efficiency  levels  versus  pressure  ratio.  The  envelope 
of  the  data  points  is  used  to  define  design-point  ef¬ 
ficiency  levels  for  current  technology. 

The  two-stage  axial  ccxnpressor  efficiency  levels  pro¬ 
jected  for  advanced  technology,  achievable  within  a 
3-year  period,  are  not  expected  to  change.  The  two- 
stage  axial  compressor  consists  of  stages  with  indi¬ 
vidual  pressure  ratios  from  1.5  to  2.0.  Little  im¬ 
provement  in  single-stage  efficiency  level  is  expected 
in  this  range,  as  reported  above.  Ihe  gain  for  the 
tv j- stage  compressor  is  expected  to  come  from  improved 
matching  to  achieve  the  current  efficiency  levels  with 
increased  surge  margin  for  the  peak  efficiency  operating 
points . 


2. 2. 1.3  Single-Stage  Centrifugal  Compressors 

Test  data  were  examined  for  various  single-stage  cen¬ 
trifugal  compresscjrs  as  obtained  from  32  separate 
tests.  The  data  included  the  results  of  the  advanced 
technology  compressors  developed  under  contract  to 
USAAVIABS  and  reported  in  Reference  2. 

Figure  4  displays  the  values  of  polytropic  efficiency 
versus  specific  speed.  Because  of  the  wide  range  of 
possible  design-point  pressure  ratios  (5:1  to  10:1), 
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Figure  4.  Single-Stage  Centrifugal  Compressor 
Polytropic  Efficiency  Estimates. 


polytropic  efficiency  is  a  better  reference  of  the 
state  of  the  art  than  is  adiabatic  efficiency^  since 
it  is  more  indicative  of  aerodynamic  losses.  Specific 
speed  has  been  chosen  as  the  independent  variable^ 
since  centrifugal  compressor  efficiency  depends  on 
rotational  speed  and  flow  rate  as  well  as  pressure 
ratio.  The  envelope  of  the  data  points  is  u-ed  to 
define  design-point  efficiency  levels  for  current 
technology.  This  envelope  is  partially  determined  by 
the  USAAVLABS  advanced  technology  compressor  data,  as 
noted  in  Figure  4,  for  specific  speeds  up  to  50  (Ng‘). 

Advanced  technology  efficiency  levels  are  also  shown 
in  Figure  4.  These  efficiency  levels  are  expected  to 
be  achieved  by  minimizing  the  rotor  and  vaneless  dif¬ 
fuser  combined  loss. 

Polytropic  efficiency  has  been  used  since  it  is  a 
direct  measure  of  fluid  mechanic  losses.  Adiabatic 
efficiency  rates  the  work  done  by  the  compressor  to 
an  equivalent  isentropic  process.  This  is  not  a 
measure  of  fluid  mechanic  losses,  but  only  an  indica¬ 
tion  that  they  exist.  From  the  simple  energy  equation, 

dh  =  tds  +  -,dp  (1) 

P 


Polytropic  efficiency  is  defined  from  static  properties 
as  follows: 


n 


(2) 


However,  stagnation  properties  are  widely  used  to 
evaluate  the  polytropic  efficiencies  of  compressors. 
Adding  the  change  in  kinetic  energy  to  both  sides  of 
the  simple  energy  equation, 

1 

dh  -f-  d  -^  =  dH  =  tds  +  — ,  op  +  d  —  (3) 


Polytropic  efficiency  based  on  stagnation  properties 
as  commonly  used  for  turbomachinery  is  then 


hp  = 


1 

o' 


dp  +  d 


dH 


(4) 
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Equation  4  shows  that  polytropic  efficiency  is  a  measure 
of  change  in  static  pressure  and  kinetic  energy  actually 
achieved  for  the  therroodynaimic  energy  supplied.  A 
constant  polytropic  efficiency  over  a  pressure  ratio 
range  from  5:1  to  10:1  indicates  that  aerodynamic  losses 
are  proportional  to  the  compressor  work.  A  drop  in 
polytropic  efficiency  indicates  proportionately  higher 
losses  as  compressor  work  increases. 

As  used  here,  specific  speed  is  defined  with  the  volume 
flow  represented  by  the  squeire  root  of  the  product  of 
the  compressor  inlet  and  outlet  volume  flow  rates, 
naunely. 


Q  = 


Pz 


Pi  y  ?  2  0 1  y  62 


(5) 


Also,  the  compressor  input  head  is  used  instead  of  the 
output  head.  The  full  definition,  in  terms  of  the 
familiar  specific  speed,  is 


2.2. 1.4  Multistage  Axial-Centrifugal  Compressors 

Based  on  the  above  studies  of  current  and  advanced 
compressor  stage  performance,  multistage  axial- 
centrifugal  compressor  efficiency  estimates  were  made 
for  design-point  operation.  An  optimum  stage  match 
for  maiximum  efficiency  of  the  compressor  stages  was 
assumed  at  all  design-point  pressure  ratios  considered 
(6:1  through  24:1).  Estimates  were  completed  for  the 
following  multistage  compressors: 

1.  Single-stage  axial  plus  centrifugal, 
current  technology 

2.  Single-stage  etxial  plus  centrifugal, 
advanced  technology 
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3.  Two-stage  axial  plus  centrifugal, 
current  technology 

4.  Two-stage  axial  plus  centrifugal, 
advanced  technology 

The  overall  compressor  efficiency  was  maximized  by  itera¬ 
tive  calculations  for  assumed  work  splits  between  the 
aiiai  and  centrifugal  components.  Calculations  were 
made  for  selected  cesign-point  pressure  ratios  of  6,  12, 
18,  and  24.  Results  were  plotted  to  display  axial  com¬ 
pressor  work,  centrifugal  compressor  work,  and  overall 
compressor  efficiency  versus  axial  compressor  pressure 
ratio.  A  typical  working  plot  is  shown  in  Figure  5  for 
the  selected  design-point  pressure  ratio  of  18:1  and 
60,000  irpm.  For  this  case  the  maximum  overall  compressor 
efficiency  occurs  at  an  eocial  compressor  pressure  ratio 
of  2.27:1.  This  results  in  81  percent  of  the  work  being 
done  in  the  centrifugal  compressor,  which  shows  the 
domination  of  this  stage  on  the  overall  compressor  per¬ 
formance  characteristics. 

Since  no  single  compressor  speed  can  be  selected  for  the 
broad  range  of  design-point  pro«>3ure  ratios  being  con¬ 
sidered  here  (6:1  to  24:1),  calculations  were  made  for 
speeds  of  50,000,  60,000,  and  70,000  rpm.  These  speeds 
were  selected  foi'  this  3.0-pound-per-second  compressor 
to  bracket  the  optimum  speed  that  might  be  selected  for 
any  design-point  pressure  ratio  in  the  range  of  interest. 

The  results  of  these  calculations  based  on  the  single- 
stage  axial,  two-stage  axial,  and  single-stage  centrif¬ 
ugal  compressor  estimates  reported  in  the  paragraphs 
obove  are  displayed  in  Figures  6  and  7,  and  represent 
the  design-point  compressor  perfoznnance  estimates  as 
noted. 

These  results  show  that  the  maximum  overall  compressor 
efficiency  decreases  with  increasing  pressure  ratio  for 
a  given  speed,  due  in  part  to  the  resulting  decreases  in 
centrifugal  compressor  specific  speed.  For  a  given 
design- poini.  prossvire  ratio,  the  overall  compressor 
efficiency  is  higher  for  higher  speeds  because  of  the 
resulting  higher  specific  speed  of  the  centrifugal  com¬ 
pressor. 

It  should  be  noted  that  increases  in  the  centrifugal 
compressor  efficiency  levels  abov  those  shown  would 
effect  the  optimum  work  split  o  r  -crease  the  pressure 
ratio  of  the  axial  compressor  ;  or  meiximtuD  overall 
compressor  efficiency.  Similarly,  increases  in  the  axial 
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Figiire  5,  Variation  of  Ovexali  Efficiency 
and  Work  Split  for  ‘iV«>-Stage 
Axial  Plus  Single-Stage  Centrifugal 
Ccffl^aressor,  Current  Technology- 


ccapressor  efficiency  levels  above  that  shown  would 
effect  an  increase  in  the  axial  compressor  pressure 
ratio  for  maximttin  overall  ccxnpressor  efficiency. 

An  effect  similar  to  this  is  evidenced  in  Figiires 
6  and  7  by  observing  the  reduction  in  axial  com¬ 
pressor  work  for  higher  selected  rotational  speeds. 
The  higher  rotational  speeds  result  in  higher 
specific  speeds  and,  hence,  higher  efficiencies 
for  the  centrifugal  compressor,  ther^y  affecting 
the  work  split  toward  increased  work  in  the  cen¬ 
trifugal  compressor. 

Tentative  Compressor  Selection,  AA+C  Versus  A+C 


In  order  to  sake  a  tentative  selection  of  one  verstis  two 
axial  plus  centrifugal  compressor  configuration,  a  qualitative 
examination  was  made  of  the  relative  merits  for  the  two 
approaches.  Table  I  presents  a  comparison  of  some  of  the 
more  important  engine  parameters. 


TABLE  I.  QUALITATIVE  COMPARISON  OF  AXIAL-CENTRIFUGAL 
COMPRESSORS,  AA  t  C  VERSUS  A  +  C 


Engine  Parameter 


AA  +  C 


erformance 

SFC 

^c 

Power 

Response,  polar  moment  of  inertia 

Iweight 


velope 


Diameter 


Length 
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ieliability  (Mechanical) 


=  advantage 
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These  comparative  results  show  that,  based  on  performance  con¬ 
siderations  the  AA+C  combination  shows  an  advantage  over  the 
A+C  compressor.  Considerations  of  envelope,  reliability,  and 
cost  show  an  advantage  for  the  A+C  compressor.  In  order  to 
achieve  a  useful  compressor  with  the  oest  possible  perform¬ 
ance,  the  AA+C  compressor  configuration  was  chosen  for  tenta¬ 
tive  evaluation.  Clearly  this  is  a  marginal  choice,  since 
the  benefits  of  the  AA+C  compressor  must  be  compared  against 
the  length,  cost,  eind  simplicity  penalties  resulting  from  the 
added  stage. 

This  was  intended  to  be  a  tentative  selection,  subject  to  re¬ 
examination  as  additional  information  becomes  available.  Re¬ 
examination  of  this  choice  was  made  as  reported  in  Paragraphs 

3.2  and  5.3,  and  ultimately  resulted  in  the  final  configura¬ 
tion  of  an  A+C  compressor  for  this  program. 

2.3  DESIGN-POINT  ANALYSIS 


The  design-point  analysis  was  conducted  based  on  the  cycle 
assumptions  established  to  be  representative  of  advanced 
engine  component  performance  levels  as  reported  in  Para¬ 
graph  2.2  eind  Appendix  I  of  this  report. 

Gasifier  cooling  airflows  were  treated  as  a  parameter  in  this 
study  to  better  determine  the  effect  of  this  variable  nn 
engine  performemce  and  on  selection  of  optimum  design-point 
pressure  ratio.  Cooling-flow  values  included  in  the  analysis 
were  0,  3,  6,  and  9  percent  of  the  compressor  airflow. 

The  design-point  analysis  was  completed  for  cycle  pressure 
ratios  of  8:1  to  20:1  and  for  TIT  of  1600“F  to  2500®F.  The  re¬ 
sults  are  displayed  in  Figures  8  through  11  and  show  the  re¬ 
lationship  of  specific  power  and  SFC  versus  cycle  pressure 
ratio  for  0-,  3-,  6-,  and  9-percent  cooling  airflows,  re¬ 
spectively. 

These  plots  show  a  relatively  flat  characteristic  of  SFC 
versus  compressor  pressvire  ratio  due  to  cycle,  accounting  for 
compressor  and  gasifier  turbine  efficie  y  degradation  with 
increasing  cycle  pressure  ratio.  Comparison  of  Figure  11 
with  Figure  8  shows  the  effect  of  9-percent  cooling  airflow 
on  the  SFC  levels  and  on  the  compressor  pressure  ratio 
selection  for  miniravim  SFC.  Values  for  2100®F  operation  with 
9-percent  cooling  flow  are:  minimum  SFC  =  0.480  at  10.5:1 
compared  to  0-percent  cooling  flow  values  of  minimum 
SFC  =  0.448  at  12:1. 
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Figure  8.  Design-Point  Engine  Performance^ 
0-Percent  Cooling  Flow. 
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Figure  11.  Design-Point  Engine  Performance, 
9-Percent  Cooling  Flow. 
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Since  the  engine  conf ig>xration  selected  for  this  study  is  a 
free  power  turt_ne  with  fixed  turbine  geometry  sized  for 
2500°F  TIT  at  lOO-percent  power,  it  was  estimated  that  60-per¬ 
cent  power  would  be  achieved  at  approximately  2100 °F  TIT. 
Furthermore,  it  was  projected  that  9-percent  cooling  flow  for 
a  gasifier  turbine,  of  the  approximate  description  considered 
here,  wouJd  be  achievable  within  a  3-year  development  period. 
Based  on  this,  a  tentative  selection  for  design-point  pres- 
sur^^  ratio  was  made  for  10.5:1,  and  a  preliminary  target  for 
SFC  was  established  as  0.460  for  the  case  of  no  design-point 
compressor  efficiency  degradation  due  to  matching. 

These  values  include  only  a  preliminary  accounting  for  the 
effect  of  off-design  component  efficiencies  (at  lOO-percent 
p-ower)  on  the  design  point  TIT,  and  lo  accounting  for  the  off- 
design  component  efficiencies  on  SFd  at  30-percent  power 
(second  priority) .  Therefore,  selection  was  made  of  several 
design-point  pressure  ratios  to  bracket  the  10.5:1  choice. 

The  design-point  pressure  ratios  selected  for  off-design 
analyses  are  9:1,  10:1,  11:1,  12:1,  13:1,  and  14:1. 

2.4  OFF-DESIGN  CYCLE  ASSUMPTIONS 

The  engine  cycle  analysis  for  off-design  performance  was 
based  or.  advanced  component  performance  levels  as  estimated 
for  the  design-point  analysis,  reported  in  Paragraph  2.2,  and 
on  component  off-design  characteristics  as  estimated  for  this 
task  and  reported  herein.  The  component  off-design  charac¬ 
teristics  estimated  for  this  study  include  noadimensionalizec 
gasifier  and  pov;er  turbine  maps  and  an  idealized  compressor 
map. 

The  idealized  compressor  map  includes  no  surge  or  choke  limits 
but  provides  a  nondimensionalized  schedule  of  ccmipressor  ef¬ 
ficiency  and  pressure  rise  with  speed. 

These  component  maps  and  all  other  estimated  off-design 
characteristics  are  reported  in  Appendix  II  of  this  report 
and,  along  with  the  design-point  cycle  assumptions  reported 
in  Paxauraph  2.2,  form  the  basis  of  the  off-design  analysis 
raporteo  in  Paragraph  2.5. 
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2.5 


OFF-DESIGN  ANALYSIS 


Engine  cycle  analyses  for  off-design  performance  were  con¬ 
ducted  for  the  cases  selected  from  the  design-point  study. 
The  selected  cases  were  for  design-point  pressure  ratios  of 
9:1,  10:1,  11:1,  12:1,  13:1,  and  14:1.  For  each  selected 
design-point  pressure  ratio,  iteration  was  conducted  to 
achieve  2500"F  TIT  for  100-percent  power.  The  plotted  re¬ 
sults  are  presented  in  Figures  12,  13,  and  14. 


Figure  12  shows  the  relationship  of  gasifier  speed/gasifier 
design-pcint  speed,  and  corrected  fJow  versus  design-point 
pressure  ratio.  Both  are  constant  for  each  selected  power 
condition  as  follows: 


100- percent  power  -  108.4-pcrcent  speed  -  3.64  lb  per  sec 
60-percent  power  -  100-percent-speed  -  3.0  lb  per  sec 
30-percent  power  -  94. 0-percent  speed  -  2,35  lb  per  sec 


20-percent  power  -  88.4-percent  speed  -  2.09  lb  per  sec 

Figure  13  shows  the  relationship  of  pressure  ratio  versus 
design-point  pressure  ratio  for  each  selected  power  condition, 
as  follows: 


100-percent  power  -  {P^/Pi)ioo  =  1.31  {?4/?i)jjP 

60-percent  power  -  (P4/Pi)so  =1.00  (P^/Pi.'j^p 

30-percent  power  -  (P4/Fi)3o  =  0.735  •?*/?, 

20-percent  power  -  (P4/Pi}2o  =  0.67  (P*/Pi)jjP 

Figure  14  shows  the  relationship  of  TIT  (“F)  and  of  SFC  to 
design-point  pressures  latic.  Inspection  of  this  figure  shows 
chat  the  minimum  SFC  for  60-percent  power  occurs  at  a  design- 
point  pressure  ratio  of  10.75:1.  Further,  the  minimum  SFC 
for  30-percent  power  (second  priority)  occurs  at  a  design- 
point  pressure  ratio  of  10.0:1.  Based  on  this  and  the 
relatively  flat  characteristic  of  the  SFC  for  60- percent  power 
near  the  minimum  value,  a  design-point  pressure  ratio  of 
10.5:1  was  tentatively  &•=.' t  :ted. 
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Figure  13.  Engine  Off-Design  Performance: 

Pressure  Ratio  Versus  Design 
Pressure  P^atio . 
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Clearly,  this  selection,  based  on  the  preliminary  data  of  this 
phase,  is  subject  to  uncertainty  due  to  approximations  that 
are  inherent  in  the  idealized  compressor  map.  For  this  rea¬ 
son,  neighboring  design-point  pressure  ratios  were  also 
selected  for  further  study  in  order  to  facilitate  a  firmer 
selection  of  an  optimum  design-point  pressure  ratio  and  to 
better  estimate  coii^jressor  design  requirements  for  Task  IIB. 

Final  selection  from  this  phase  activity  was  made  for  9.5:1, 
10.5:1,  cind  11.5:1  design-point  pressure  ratios.  A  plot 
showing  compressor  pressure  ratio  versus  corrected  flow  for 
these  three  cases  is  presented  in  Figure  15.  These  three 
P-eliminary  engine  operating  lines  display  the  compressor 
design  requirements  for  the  tentative  canpressor  design  and 
matching  studies  o£  Task  IIA. 


3.  TASK  IIA 


PRELIMINARY  DESIGN  AND  MATCHING  (TENTATIVE) 


3.1  GENERAL 

This  section  presents  the  results  of  compressor  preliminary 
design  and  ma*‘ching  studies  conducted  to  select  the  best  com¬ 
pressor  combination  for  the  engine  cycle  identified  in  T-ask 
lA  and  discussed  in  the  previous  section.  Certain  relation¬ 
ships  between  compressor  operation  at  design  speed  and  power, 
and  at  other  oper.'ting  conditions,  govern  important  factors 
of  the  compressor  matching  problem.  These  relations  are 
derived  in  Appendix  III,  and  their  effect  on  compressor  com¬ 
ponent  operation  is  developed.  Seven  compressor  combinations 
are  than  analyzed  and  their  performance  is  compared. 

3 . 2  PRELIMINARY  DESIGN  OF  AXIAL  AND  CENTRIFUqAL  COMPRESSORS 

Preliminary  design  was  conducted  for  axial  and  centrifugal 
compressors  and  was  based  upon  the  compressor  design  require¬ 
ments  as  established  by  the  tentative  engine  cycle  analysis 
of  Task  iA,  Section  2.0,  and  as  displayed  in  Figure  5.  These 
compressor  design  requirements  are  estimates  based  on  the 
idealized  conspressor  isap  employed  in  Task  I A  and  on  the 
seiecred  desicn-point  pressure  ratios  of  9.5:1,  lG.5:i,  and 
11.5:1. 

In  order  to  reexamine  the  choice  of  one  versus  two  axial  plus 
centrifugal  compressor  configurations  (refer  to  Paragraph 
2.2,2),  a  comparison  was  made  for  the  selected  design-point 
pressure  ratios.  Results  are  presented  in  Table  II. 

Table  II  shows  that  a  two— stage  axial  plus  one-stage  centrif¬ 
ugal  (AA  C)  compressor  can  be  expected  to  yield  a  higher 
design-point  compressor  efficiency,  by  0,5  to  0,9  point  (de¬ 
pending  on  the  final  design-point  pressure  ratio) ,  than  that 
expected  from  a  one-stage  axial  plus  one-stage  centrifugal 
(A  -f  C) ,  Furthermore,  the  off-design  compressor  efficiency  at 
100-percent  pow’er  for  the  AA  -r  c  compressor  versus  the  A  -  C 
compressor  can  be  expected  to  be  i.O  tr  2,0  points  higher. 

This  will  yield  a  higher  design-point  cycle  temperature  for 
the  AA  -!-  C  compressor  for  the  given  constraint  of  2500°?  (TIT) 
at  100-percent  power. 
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TABLE  II.  COI-IPARISON  OF  COMPRESSOR  PERFORMANCE 
{A  C  VERSUS  AA  +  C) 


Design-Point  Pressure  Ratio 
{from  Task  I A) 


9. 
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ponent 
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Py^?:  ; 
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1  ^ 

i.46 
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! 
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81.3 
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A  r 

V  • 
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Axiai 

Com- 


0.8  1.48  75. 7  1.50 


In  addition  to  the  foregoing,  qualitative  evaluation  for 
these  pressure  ratios  indicates  that  the  AA  +  C  compressor 
(5.1:1  centrifugal  stage  for  10.5:1  overall)  will  be  smaller 
in  diameter  and  slightly  lighter  in  weight  than  a  shorter 

C  compressor  (7,1:1  centrifugal  stage  for  10.5:1  overall). 

Based  or.  this,  the  choice  for  the  AA  ^  C  compressor  conficure- 
tion  was  substantiated  for  these  tentati'vs  compressor  design 
and  matching  studies. 

Further  selection  was  made  at  this  point  to  licit  initial 

and  motching  studies  to  the  case  of  5.5  :1  oesicn _ o^mt 

i-'-^ssuie  ratio.  This  case  was  selected  for  rigorous  evalua¬ 
tion  of  matching  schemes.  The  cases  of  IG.Sziand  11.5:1 
were  conducted  later,  based  on  th-e  matching  evaluation^  and 
are  reported  in  Paragraphs  3.4  and  5,5. 
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3.2.1 


Two-Stage  Axial  Compressor  Design,  P  3/P1  =  2.02:1 


The  performance  characteristics  of  the  two-stage  axial  com¬ 
pressor  were  taken  from  the  data  of  a  reference  two-stage 
compressor  of  the  GTCP660  engine.  The  particular  compres¬ 
sor  selected  was  chosen  because  of  the  complete  knowledge 
of  its  aerodynamic  design  and  its  test  results.  It  was 
intended  that  the  compressor  designed  for  this  task  be  as 
aerodynamically  similar  to  the  reference  compressor  as 
possible.  However,  the  geometry  was  expected  to  be  dif¬ 
ferent  from  that  of  the  reference  compressor  because  of 
the  difference  in  the  design  conditions  of  the  two  com¬ 
pressors.  Consequently,  before  the  matching  studies  of 
Task  IIA  were  begun,  a  preliminary  design  was  performed 
for  the  axial  compressor.  The  pvirpose  of  the  calculation 
was  to  yield  a  design  whose  aerodynamic  parameters,  such 
as  diffusion-factor  and  Mach-number  levels,  were  commen¬ 
surate  with  those  of  the  reference  compressor  or  good 
design  practice,  whichever  was  applicable. 

The  design  flow  of  the  axial  compressor  is  3.0  pounds  per 
second,  and  the  rotational  speed  is  60,000  rpm.  The  flow  is 
a  program  specification.  The  rotational  speed  is  a  result  of 
obtaining  a  satisfactory'  combination  of  inlet  axial  Mach 
number,  first  rotor  tip  speed,  and  inlet  hub/tip  ratio.  An 
inlet  Mach  number  of  0.55  and  a  hi±)/tip  ratio  of  0.5  were 
tentatively  selected.  The  first  rotor  tip  speed  was  selected 
to  be  close  to  that  of  the  reference  compressor  and  compatible 
with  Figure  3  for  good  ramge.  This  was  reconsidered  in 
Task  IIB  when  the  range  requirements  became  fully  defined  by 
the  variable-geometry  selection.  This  flow/speed  combination 
was  different  enough  from  the  reference  compressor  to  prevent 
a  di-ect  scale. 

Another  design  feature  was  the  specification  of  zerc  rotor  hub 
exit  swirl.  This  specification  was  intended  to  minimize  the 
distortion  of  the  transition  section  between  the  axial  and 
can+  rif ugai  stages . 

The  preliminary  design  calculation  proceeded  under  the  assisnp- 
tion  of  siircle  radial  equilibrium.  Radi;  lly  constant  stagna¬ 
tion  energy  and  loss  were  assumed  at  each  calculation  station. 
Str^fanjijL.'ie  slope  and  cuivature,  entropy  gradient,  and  energy 
gradient  are  considered  in  Task  IIB.  The  design  effort  in 
this  task  was  to  establish  through  this  simplified  procedure 
the  fe<tsibi. lity  of  designing  under  the  condition  of  zero  rotor 
huh-  exit  relative  swirl  while  not  exceeding  established  limits 
of  certain  aerodynamic  criteria.  The  design  results  showed 
ressonable  Hach-namber,  ai r- turning-angle ,  and  diffusion- 
factor  levels. 
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The  centrifugal  compressor  was  designed  with  a  computer- 
programmed  procedure  that  determines  the  rotor  and' diffuser 
geometry.  The  rotor  is  designed  from  empirical  correlations 
for  surge,  choke,  slip  factor,  and  efficiency  for  centrifugal 
compressors,  with  arbitrary  values  cf  blade  exit  angle  rela¬ 
tive  to  the  radial  direction.  Data  have  been  correlated  for 
blade  exit  angle  up  to  42°.  The  vaneless  diffuser  uses  the 
conventional  pipe  flow  analogy  with  an  empirical  fri  .ion  co¬ 
efficient.  The  vaned  diffuser  is  treated  as  a  cascade  and 
uses  cascade  loss  and  turning-angle  correlations  to  obtain 
overall  stage  performance. 

The  design  configuration  was  established  through  a  parametric 
study  involving  several  aerodynamic  parameters.  For  a  given 
rotor  exit  absolute  air  angle,  the  performance  correlations 
contained  in  the  program  provide  the  variation  of  blade  exit 
angle  with  shroud-line  relative  velocity  ratio.  This  is  the 
ratio  of  the  rotor  outlet/inlet  relative  velocity  at  the 
shroud.  At  each  relative  velocity  ratio,  the  vaneless  dif¬ 
fuser  gap  was  varied  to  obtain  maximum  overall  stage  effi¬ 
ciency.  The  variation  of  maximum  efficiency  with  shroud-line 
relative  velocity  ratio  was  then  obtained  for  three  values  of 
absolute  exit  air  angle. 

The  results  are  summarized  in  Figure  15.  The  maximum  Effi¬ 
ciency  of  the  stage  increases  as  the  air  angle  decreases  from 
75°  to  69°.  The  efficiency  variation  for  each  air  angle 
tends  to  approach  a  peak  value,  but  then  increases  linearly. 
The  reason  for  this  is  that  the  design  value  of  impeller  effi¬ 
ciency  has  not  been  penalized  for  impeller  rear-disk  friction. 
As  blade  exit  angle  increases,  the  rotor  diameter  increases 
and  exit  width  decreases.  The  clearance  penalty  has  been 
accounted  for,  but  not  the  increase  in  disk  friction  at  the 
back  of  the  rotor.  Consequently,  the  curves  should  probably 
reach  a  maximum. 

It  was  believed  that  50°  of  blade  angle  represents  a  realistic 
advance  in  the  state  of  the  art.  This  is  only  8°  higher  than 
the  maximum  for  which  data  has  been  accumulated,  and  the  disk 
friction  correction  should  be  small.  At  50°,  the  air-angle 
value  of  69°  has  the  highest  stage  efficiency.  Lower  v^alues 
S2.r  angle  were  not  examined,  since  it  appeared  that,  at  50° 
of  blade  exit  angle,  the  efficiency  is  close  to  maximum. 

The  d:.ffusion  factor  of  the  second  row  of  the  tandem  cascade 
is  shown  for  reference,  since  it  is  the  more  highly  loaded  of 
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16.  Design  Study  for  Centrifugal  Stage 
of  9.5 : 1-Pressure-Ratio  Compressor: 
Blade  Exit  Angle,  Stage  Efficiency, 
and  Diffusion  Factor. 
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the  two  rows.  The  diffusion  factor  decreases  as  rotor  exit 
absolute  edLr  angle  decreases. 


Figure  17  shows  the  Vciriation  of  rotor  tip  radius,  rotor  exit 
width,  emd  clearcince  efficiency  penalty  as  functions  of^ 
shroud—line  relative  veloci^  ratio  and  absolute  exit  air 
angle.  The  exit  width  decreases  as  the  air  angle  decreases 
and,  to  a  les?er  degree,  as  shroud-line  relative  velocity 
ratio  increas-s.  These  give  consequent  increases  in  clearance 
penalty . 

Upon  completion  of  the  design,  the  program  loses  the  geometry 
to  con5)ute  the  complete  perfoonnance  characteristics  from  surge 
to  choke  at  all  speeds  of  interest.  Correlations  are  included 
in  the  porogram  for  efficiency  degradation  due  to  Reynolds 
number  as  well  as  clearance.  Both  the  design  and  off-design 
calculations  account  for  these  influences.  Only  the  clearance 
penalty  wais  significant;  Reynolds  number  was  too  high  to  con¬ 
tribute  to  loss. 

3.3  COMPRESSOR  MATCHING  STUDIES,  AA  t  C,  P^/Pi  =  9.5 tl 

Axial-centrifugal  compressor  matching  studies  were  conducted 
based  on  tne  eixial  and  centrifugal  compressor  designs  con¬ 
ducted  for  this  task  and  reported  in  Paragraph  3.2  above. 

The  detailed  preliminary  design  for  these  compressors  produced 
estimated  efficiency  levels  slightly  higher  than  those  pre¬ 
dicted  in  Task  lA  and  produce  an  overall  compressor  peak 
efficiency  (with  no  degradation  for  matching)  of  0.834. 

The  objective  of  these  compressor  matching  studies  was  to 
identify  the  axial-centrifugal  compressor  matching  scheme 
that  would  hopefully  yield  this  peak  efficiency  coincident 
with  the  design  operating  point  (60-percent  power)  and  provide 
satisfactory  operation  over  the  reinge  of  20-  to  100-percent 
power. 


3.3.1  Initial  Studies 

Initial  matching  attempts  were  intended  to  scale  the  axial 
and  centrifugal  con^ressors  for  peak  efficiency  match  at 
design  flow  emd  employ  variable  compressor  geometry  as  re- 
qxiired  for  off-design  s\irge  margin  and  off-design  efficiency. 
However,  the  matching  iterations  conducted  in  the  preliminary 
design  of  the  axial  and  centrifugal  compressors  showed  the 
major  problem  to  be  one  of  achieving  a  design  point  match  at 
part  power  such  as  to  realize  near  maximum  efficiency  in  the 
^lyj  cttt^ressor.  This  results  from  the  characteristics  of 


ROSi'OR  CI4EARANCE  H*  H-*  NJ  ROTOR  TIP 

EFFICIENCY  LOSS-  Ari  §  S  g  RADIUS  -  INCHES 


the  geisifier  and  power  tiirbines  (choked  nozzles)  in  relating 
the  compressor  flows,  pressxxre  ratios,  and  speeds  for  the 
Veiriovis  power  points,  expecially  100-  emd  60-percent  powsi. 
This  relationship  is  developed  in  Appendix  ZII  and  is  il¬ 
lustrated  in  the  following  example. 

Iterative  laatching  attempts  were  conducted  for  representative 
eixial  and  centrifugal  compressors  to  achieve  near  peak  effi¬ 
ciency  operation  at  the  60-percent-pwer  point  while  meeting 
the  cff-design  compressor  requirements  of  pressiire  ratio, 
efficiency,  and  flow  for  20- ,  30- ,  and  10 0-percent- power 
points.  For  the  case  of  fixed  turisine  geometry  (and  choked 
nozzle) ,  the  gasifier  turbine  temperat’ore  ratio  for  off-design 
to  design-point  operation  is  fixed  emd,  consequently,  the  gaisi- 
fier  spool-speed  ratio  for  off-dasign  to  design-point  opera¬ 
tion  is  fixed.  From  Task  lA,  the  100-percent  power  require¬ 
ments  are  ccspaured  to  the  6i?-percent  power  requirements  and 
are  repeated  here  for  clarity: 

w 

=  1.21 

^,60 

A  compressor  match  based  on  these  required  relationships,  and 
on  a  fixed  compressor  gewnetry  was  achieved  for  an  assumed 
TIT  (maocimua)  of  2500 Results  are  displayed  on  Figure  18, 
which  shows  that  the  design-point  operation,  illustrated  as 
Point  C,  of  the  axial  compressor  is  approximately  11  points 
below  peak  efficiency  (0.89  minus  0,78). 

While  this  match  results  in  operation  of  the  social  compressor 
near  stall  at  the  design  point,  it  is  more  important  to  ob¬ 
serve  the  poor  match-point  efficiency. 

The  poor  match  results  from  the  fact  that  the  required  match 
point  on  the  social  compressor  component  is  forced  to  a  lower 
flow  than  that  coincident  with  peak  efficienciy  for  the  design 
speed.  This  is  a  direct  result  of  the  relationship  of  the 
compressor  requirements  for  100-  and  60-percent  power  points 
as  determined  by  the  engine  cycle  analysis  in  Task  lA,  and 
repeated  above. 


=  1.31 

P*/ Pi  JSC 


160 


=  108.4 
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PRESSURE  RATIO  -  P3/P 


AIRFLCW  -  LB/SEC 
(A)  AXIAL  CC3MPRESSOR  MAP 


Figure  18.  Illustration  of  Match  Points 
on  Compressor  Haps. 


AlRPLOTf  -  lb/sec 
(B)  CENTRIFUGAL  COMPRESSOR  MAP 


From  the  axial  compressor  map,  the  ratio  of  choke  flows 
between  design  speed  and  a  speed  that  is  1.085  of  design 
speed  is  1.10.  This  is  not  a  peculiar  feature  of  the  map, 
but  it  Ccin  be  shown  to  be  typical.  To  currive  at  the  required 
1.21:1  flow  ratio,  it  is  necessary  to  select  a  flow  at  design 
speed  that  is  about  10  percent  from  design-speed  choke  flow. 
This  would  locate  the  100-percent-power  point  on  choke  flow 
at  1.085  speed  ratio.  Points  A  and  B  on  Figure  18  show 
this.  However,  since  design  pressure  ratio  is  2.02:1,  Point 
A  must  fall  on  a  speed  line  less  than  the  one  identified 
as  1.0.  This  then  becomes  the  design  speed  if  Point  B 
combines  the  pressure  ratio  of  its  centrifugal  compressor 
mat  'll  point  to  give  the  required  ov^erall  pressure  ratio  at 
100— percent  power.  The  match  shows  that  the  overall  pressure 
ratio  is  too  low.  To  arrive  at  the  axial/centrifugal  pres¬ 
sure  ratio  at  100-percent  power,  the  axial  pressure  ratio  at 
a  speed  ratio  of  1.085  must  increase.  As  it  does,  the  flow 
moves  off  to  choke  and,  to  maintain  the  1.21:1  flow  ratio, 
the  flow  at  design  speed  moves  further  from  choke  flow.  At 
some  point,  the  speed  and  flow  ratio  requirements  are  met, 
together  with  the  overall  pressure  ratios  required  at  the  60- 
and  100-percent-power  points.  This  case  is  illostxatec  on 
Figure  18  as  Points  C  and  D. 

Note  that,  since  peak  axial  compressor  efficiency  is  near 
choke  flow,  the  operating  line  characteristic  forces  the 
design  point  to  be  far  from  the  peak  efficiency  of  the  axial 
compressor  at  design  speed.  To  achieve  a  better  design-point 
match  and  meet  the  off-design  compressor  requirements ,  some 
form  of  varicible  compressor  geometry  or  twin  spooling  is  re¬ 
quired. 

One  case  to  be  considered  would  be  inlet  guide  vanes  (IGV's) 
ahead  of  the  axial  compressor.  Actuating  IGV's  opposite  to 
the  rotor  rotation  at  100- percent  power  shifts  the  compressor 
characteristics  towcird  higher  flows  and  pressure  ratios  rela¬ 
tive  to  the  design  speed  characteristics.  This  would  move 
the  match  point  toward  the  peak  efficiency  by  increasing  the 

<''c,100]choke^*C,60]choke>  fixed  speed 

Another  approach  would  be  inlet  guide  vanes  ahead  of  the 
centrifugal  compressor.  Actuation  against  rotation  of  these 
IGV's  at  100-percent  power  would  increase  the  pressure  ratio 
cind  flow  so  that  the  overall  compressor  requirements  at  100- 
percent  power  would  be  met  at  a  higher  flow  and  lower  pressure 
ratio  for  the  eixial  compressor.  From  part  A  of  Figure  18, 
Point  D  would  then  move  to  F,  and  cons^uently  C  to  E. 
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A  third  approach  to  be  considered  is  variable  diffuser  vanes 
(VDV’s)  for  the  centrifugal  stage.  Actuation  of  VDV's  at 
ICO-percent  power  would  increase  flow  and  allov/  the  overall 
compressor  requirements  to  be  met  at  a  higher  flow  in  the 
axial  compressor. 

Based  on  these  observations,  the  major  advantage  to  be  derived 
from  variable  compressor  geometry  is  modification  of  the  pres¬ 
sure  ratio  and  flow  characteristics  of  the  overall  compressor 
to  allow  match-point  selection  on  the  axial  compressor  nearer 
to  choke  and  hence  nearer  to  peak  efficiency.  It  is  not  clear 
from  this  example  how  combinations  of  these  variable-geometry 
cases  might  behave;  therefore,  they  were  evaluated  and  are 
discussed  in  the  following  paragraphs.  The  best  variable 
matching  scheme  would  then  have  to  be  compared  to  twin  spool¬ 
ing  to  make  a  selection. 

3.3.2  Evaluation  of  Matching  Schemes 

Based  on  the  observations  made  in  the  initial  matching 
studies,  seven  matching  schemes  were  selected  for  evaluation. 
Off-design  surge  margin  was  a  secondary  consideration  for 
these  studies. 

Since  the  preliminary  designs  for  the  two-stage  axial  and 
single-stage  centrifugal  compressors  used  in  these  studies 
are  essentiallv  identical,  the  differences  in  overall  com¬ 
pressor  effici_ncy  and  engine  SFC  that  are  reported  in  the 
paragraphs  that  follow  are  attributable  to  the  effects  of  the 
compressor  matching  variation  studied.  All  values  except  as 
noted  are  based  on  matching  for  2500®F  TIT  at  lOO-percent 
power.  The  seven  schemes  studied  were  for  the  combinations 
of  compressors  shown  on  the  following  page. 
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Two-Stage 
Axial  Compressor 
(AA) 


Single-Stage 
Centrifugal  Compressor 
(C) 


Single  Spool 


1. 

Fixed  geometry 

(FG) 

Fixed  geometry  (FG) 

2. 

Fixed  geometry 

(FG) 

Variable  diffuser  vanes 
(VDV) 

3. 

Fixed  geometry 

(FG) 

Variable  inlet  guide  vanes 
(VlG'J) 

4. 

Variable  inlet 
(VI GV) 

guide 

vanes 

Fixed  geometry  (FG) 

5. 

Variable  inlet 
(VIGV) 

guide 

vanes 

Variable  inlet  guide  vanes 
(VIGV?) 

6. 

Variable  inlet 
(VIGV) 

guide 

vanes 

Variable  inlet  guide  vanes 
plus  variable  diffuser 
vanes  (VIGV  +  VDV) 

Twin  Spool 

7.  Fixed  geometry  (FG)  Fixed  geometry  (FG) 


For  each  of  these  combinations,  several  matching  iterations 
were  made  by  use  of  existing  computer  programs  for  con^ressor 
matching  and  for  engine  cycle  performance.  Iterations  were 
bcised  on  compressor  matching  data  emd  engine  cycle  data  to 
effect  satisfactory  matches  for  minimum  SFC  for  design- point 
operation  (60-perc.ent  power) . 

The  results  of  these  compressor  matching  studies  are  dis¬ 
cussed  in  the  following  paragraphs.  Compressor  and  compressor- 
cos^onent  maps  are  included  and  display  the  estimated  com¬ 
pressor  design  requirements  as  determined  in  Task  lA  and  the 
actual  engine  operating  points  as  determined  by  engine  cycle 
analysis  (Task  IB)  based  on  the  respective  compressor  maps 
as  reported  below. 

Eased  on  these  matching  studies,  a  "best"  matching  scheme  was 
selected  for  further  evaluation. 
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3. 3. 2.1  Single  Spools  AAFG  +■  CFG 

A  match  was  achieved  for  this  combination,  consisting 
of: 

1.  Two-stage  axial  compressor  component,  fixed 
geometry  (AAFG) 

2.  Single-stage  centrifugal  compressor  component, 
fixed  geometry  (CFG) 

The  results  of  this  study  show  that  the  axial  compres¬ 
sor  operates  far  from  peak  efficiency  over  the  range  of 
20-  to  100-percent  power.  Furthermore,  the  axial 
ccn^jreasor  operates  in  the  stall  regime  at  reduced 
power  levels.  The  poor  match  resulting  from  this  com¬ 
bination  is  evidenced  by  an  overall  compressor  p&ak 
efficiency  of  approximately  0.795.  This  data  provides 
quantitative  evidence  of  the  conclvisions  made  in  the 
preliminary  matching  studies.  The  data  for  this  study 
are  displayed  in  the  three  compressor  maps  of  Figure  19. 

The  axial  and  centrifugal  compressor  efficiency  levels 
assumed  for  this  study  acre  as  estimated  by  preliminary 
design  and  include  no  efficiency  degradation 

^”0  *  '’C,  DESIGN^* 

Parts  A  and  B  of  Figure  19  display  the  performance  char¬ 
acteristics  of  the  axial  and  centrifugal  compressors  as 
they  would  be  obtained  from  individual  component  rig 
tests  for  these  compressors.  Part  C  of  Figure  19  dis¬ 
plays  the  performance  characteristics  of  the  multistage 
compressor  obtained  from  tdie  individual  performance 
characteristics  of  Parts  A  and  B.  The  surge  line  of  the 
cixial  compressor  is  also  included  on  Figure  19c.  It 
passes  between  the  30-  and  60-percent  power  points.  Off- 
design  operation  to  the  left  of  the  surge  line  of  the  in¬ 
let  stages  is  a  familiar  experience  in  multistage  axial 
compressors.  The  presence  of  a  centrifugal  compressor 
instead  of  many  more  axial  stages  has  not  changed  this. 

On  axial-centrifugal  combinations,  however,  multistage 
instability  has  been  experienced  at  the  axial  compressor 
surge  line.  This  instability  occurs  over  a  small  range 
of  flow  at  any  given  speed.  The  reason  for  this  can  be 
shown  in  Figure  19D. 
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CORRECTED  AIRFLOW,  wTeT/Si  -  LB/SEC 
(A)  AXIAL  COMPRESSOR  COMPONENT j  FIXTD  GEOMETRY 


Figure  19,  Estimated  Perfonrance  Cheiracteristics,  Two- 
Stage  Axial  ??.us  Centrifugal  Compressor 
(Includes  No  Efficiency  Degradation) • 

AAFG  +  CFG. 


PRESSURE  RATIO  -  T?Jl- 


OVERALL  PRESSURE  RATIO  -  P4/P 


PRESUURE  RATIO 


On  a  rig  test  of  the  axial  compressor,  the  performance 
characteristics  sure  usually  obtained  from  choke  to  the 
surge  line.  Continued  throttling  will  reveal  that  the 
compressor  C2ui  be  brought  out  of  surge  and  that  steible 
operation  can  exist  to  the  left  of  the  usual  surge  line. 
However,  the  surge  line  is  not  a  line,  but  is  a  small 
range  of  flow  that  exists  before  stable  operation  can  be 
achieved  with  continued  throttling.  This  range  of  flew 
acts  as  a  range  of  instability  for  the  zutial-centrifugal 
combination.  The  multistage  compressor  will  not  surge, 
but  a  rig  test  would  reveal  an  inability  to  acquire  data 
within  this  instability  range. 

Similarly,  it  will  not  be  possible  for  am  engine  to  have 
a  steady-state  operating  point  within  this  range.  From 
the  proximity  of  the  20-  and  30-percent  power  points  to 
the  axial  compressor  surge  line  in  Figures  19A  and  19C, 
it  is  conceivable  that  these  power  points  and,  in  fact, 
all  power  points  below  about  50  percent  would  fall  with¬ 
in  the  width  of  the  range  of  instability.  For  engine 
operation  v^ich  would  accelerate  across  the  axial  eexn- 
pressor  surge  line,  this  instability  is  not  a  problem; 
for  engine  operation  which  demands  steady-state  power 
delivery,  it  is  a  problem.  Clearly,  besides  better  effi¬ 
ciency  matching,  a  definite  ausount  of  margin  frexa  axial 
compressor  surge  is  needed.  Both  of  these  parameters, 
overall  efficiency  and  surge  margin  from  axial  compressor 
surge,  will  be  referred  to  in  the  performance  displays 
through  the  rest  of  this  report. 

Since  data  to  the  left  of  surge  is  not  usually  acquired 
on  test  and  because  of  the  paucity  of  data  that  is 
available,  a  simplified  model  for  the  axial  compressor 
performance  to  the  left  of  surge  was  assumed  in  order 
to  match  with  the  centrifugal  compressor  and  compute  the 
multistage  performance.  Pressure  ratio  characteristics 
were  extended  at  a  constant  value  which  was  taken  as  the 
surge  value.  Tonperature  rise  ratio  was  extrapolated 
neaurly  linearly,  concomitant  with  checks  with  efficiency 
to  yield  a  smooth  variation  of  efficiency  with  flow  at 
any  given  speed.  With  the  eixial  compressor  performance 
chzuracteristics  thus  extended,  the  overall  performance 
was  computed  with  centrifugal  compressor  surge  used  to 
define  the  surge  of  the  multistage  compressor. 

Part  A  of  Figure  19  indicates  a  design-point  efficiency 
of  0.77  (3  pounds  per  second)  corapaured  to  0.896  (3.75 
pounds  per  second)  at  peak  efficiency  for  design  speed. 
This  shows,  as  did  the  initial  matching  studies,  the 
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desirability  of  moving  the  design  point  toward  choked 
flow  for  improved  efficiency  over  the  operating  range. 


Part  B  of  Figure  19  indicates  a  design-point  efficiency 
of  0.823  compared  to  0.83  at  10-percent  surge  margin. 
Additional  matching  iterations  could  effect  relocation 
of  the  design  point  on  this  map  to  achieve  the  peak  ef¬ 
ficiency  but  is  unwarranted  for  this  preliminary  study. 

Part  C  of  Figure  19  indicates  a  design-point  efficiency 
of  0.78  with  adequate  multistage  surge  margin  over  the 
operating  range.  Note  that  the  compressor  operating  line 
falls  on  the  maximum  efficiency  for  each  speed  line.  How¬ 
ever,  due  to  the  poor  component  efficiency  match,  the 
maximum  efficiency  levels  are  significantly  lower  than 
the  potential. 

The  compressor  and  engine  SFC  data  for  this  combination 
are  shown  in  Table  III. 


TABLE  HI. 

AAFG  +  CFG  COMPRESSOR 

Percent 

Power 

W 

(lb /sec) 

P*/Pl 

Tb 

{*F) 

SFC 

100.0 

3,698 

12.57 

0.793 

2500 

0.450 

60.0 

2.989 

9.50 

0.780 

2150 

0.497 

29.0 

2.351 

6,93 

0.768 

1800 

C.649 

18.5 

2.080 

5.92 

0.7C2 

1650 

0.816 

Additional  matching  runs  were  made  for  lower  selected  TIT 
levels  to  evaluate  this  effect  on  matching.  Results 
showed  no  effect  on  compressor  component  matching  and 
showed  higher  SFC's  as  predictable  for  the  lower  cycle 
temperatures.  The  compressor  and  engine  cycle  data 
points  are  shown  in  Table  IV  for  the  case  of  2250®P  TIT 
at  100-percent  power. 


TABLE  IV,  AAFG  +  CFG  CX>KPRESSOR  (REDUCED  Ts) 


Percent 

Power 

W  v8/5 
(lb /sec) 

P4/Pl 

■B 

Ts 

(“F) 

SFC 

100.0 

3.725 

12.61 

0.793 

2250 

0.471 

59.7 

3.014 

9.57 

0.780 

1940 

0.526 

29.5 

2.391 

7.10 

0.769 

1650 

0.694 

21.0 

2.170 

6.30 

0.763 

1550 

1  0.839 
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A  inatch  was  achieved  for  this  combination,  consisting 
of: 

1.  Two-stage  axial  compressor  component,  fixed 
geometry  (AAFG) 

2.  Single-stage  centrifugal  compressor  component, 
Vciriable  diffuser  vanes  (CVDV) 

The  results  of  this  study  show  improvement  in  the 
operating  characteristics  of  the  axial  compressor 
compaired  to  the  fixed-geometry  combination  (AAFG  + 

CFG) .  However;  the  axial  compressor  for  this  combina¬ 
tion  operates  at  lower  them  optimum  flows  over  most 
of  the  speed  range  and  near  stall  at  the  lower 
power  points.  This  inatch  yields  an  overall  coa^jressor 
peak  efficiency  of  approximately  C.81  near  the  100- 
percent-power  point. 

The  axial  and  centrifugal  compressor  efficiency  levels 
assumed  for  this  study  eire  as  estimated  by  preliminary 
design  and  include  no  efficiency  degradation  for  CVDV 

^^C  “  V, DESIGN^  • 

Based  on  matching  iterations  for  this  combination,  CVDV 
angle  settings  were  selected  to  be  0®  for  speeds  up  to 
a )d  including  100-percent  design  speed,  emd  -2®  for 
speeds  above  100  percent.  Note  that  negative  setting 
smgles  denote  adjustment  to  reduce  the  vane  angle  with 
respect  to  the  radial  direction  and  thereby  increeise 
flow.  The  data  for  this  study  are  displayed  in  the 
three  conposite  compressor  maps  (0®  and  -2®  CVDV  setting 
angles)  of  Figure  20. 

Part  A  of  Figure  20  displays  axial  compressor  character¬ 
istics  and  reflects  the  inproved  cor^reasor  match  fay 
the  closer  proximity  of  the  operating  line  to  the  peak 
efficiency  region  of  the  axial  crcaponent.  An  icprovement 
in  surge  roeurgin  is  also  evidenced  by  this  map,  and 
actuation  of  the  diffuser  vanes  at  the  lower  power 
settings  could  be  considered  to  achieve  additional 
surge  margin  for  the  low  power  points. 

Paurt  B  of  Figtire  20  displays  the  centrifugal  con^resscr 
cdiaracteristics  and  shows  a  narrow  surge  margin  at  the 
100-percent-power  point.  This  would  prevent  a  rematcii  to 
move  the  60-  and  30-percent -power  points  nearer  to  the 
peak  efficiency  operating  regiise  that  exists  nearer 
to  surge. 


Part  C  of  Figure  20  displays  the  overall  compressor 
characteristics  and  shows  that  the  operating  line  falls 
very  near  to  the  peedc  efficiencies  for  the  speed  lines 
over  the  operating  range.  Also,  the  efficiency  islands 
display  higher  efficiency  levels  than  were  achieved 
with  the  fixed-geometry  combination,  reflecting  sub¬ 
stantial  improvement  in  the  cos^ressor  match. 

The  con^>ressor  and  engine  SFC  data  for  this  combination 
cure  given  in  Table  V. 


TABLE  V. 

AAFG  t 

CVDV  COMPRESSOR 

Percent 

Power 

W  y/T/6 
(Ib/sec) 

P4/P1 

nt»i 

m 

(“F) 

SFC 

100.0 

3.690 

12.60 

0.809 

2500 

0.444 

60.0 

2,988 

9.51 

0.801 

2130 

0.487 

30.8 

2.389 

7.08 

0.788 

1800 

0.616 

19.5 

2.096 

6.00 

0.778 

1650 

0.770 

3. 3, 2. 3  Single  Spool,  AAFP  +  CVIGV 
A  match  was  achieved  for  this  ceise,  consisting  of: 

1.  Two-stage  axial  compressor  con^jonent,  fixed 
geometry  (AAFG) 

2.  Single-stage  centrifugal  compressor  component, 
variable  inlet  guide  vanes  (CVIGV) 

The  results  of  this  study  shew  ir^proveinent  in  the 
match  of  the  axial  compressor  compared  to  the  fixed- 
geometry  combination  (AAFG  +  CFG)  but  no  significant 
i^rovement  compeired  to  the  combination  with  variable 
diffuser  vanes  (AAFG  +  CVDV) .  The  axial  coii5)ressor 
operates  at  lower  than  optimum  flows  over  roost  of 
the  speed  range  and  near  stall  at  the  lower  power 
points . 

The  eocial  and  centrifugal  con5>ressor  efficiencies 
assuizied  for  this  study  are  as  follows: 

1.  Compressor  efficiencies  are  as  estimated 
by  the  compressor  preliminary  design 

^’’C  ■  ’’C,  DESIGN^  * 
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PRBSSURK  RATIO 


AIRFLOW,  -  LB/SEC 


(A)  AXIAL  COMPRESSOR:  FIXED  GEOMETRY 

Figure  20.  Estimated  Performance  Cheiracteristics,  Two~ 
Stage  Axial  Plus  Centrifugal  Compressor 
(Includes  No  Efficiency  Degradation  Due  to 
CVDV’s),  AAFG  +  CVDV. 


OVERALL  PRESSURE  RATIO 


2. 


Compressor  efficiencies  are  as  estiroatea 
by  the  compressor  preliminary  design 
except  that  the  centrifugal  compressor 
efficiency  is  degraded  to  0.945  of  the 
design  values  for  operating  point (s) 
with  CVIGV’s  actuated  off  0®  setting 
angle  »  0.945  n. 


■cc 

for  CVIGV 


«  0.945 
0*) . 


'CC,  DESIGN 


Bcised  on  matching  iterations  for  this  combination, 
CVXGV  angle  settings  were  selected  to  be  0® 
for  speeds  up  to  and  including  100-percent  design 
speed,  and  -15®  for  speeds  above  100  percent. 

Note  that  negative  setting  angles  effect  swirl  in 
the  direction  opposite  to  rotor  rotation. 

'’c  *  ^C  DESI<2^  match  for  this  case 

yields  an  overall  compressor  peak  efficiency 
over  0.81  near  the  100 -percent-power  point. 

The  data  are  displayed  in  the  three  con5>osite 
canpressor  maps  (0®  and  -15®  CVIGV  setting 
angles)  of  Figure  21. 

Part  A  of  Figure  21  displays  the  axial  compressor 
characteristics  and  shows  that  the  match  is  less 
than  optimimi,  cis  evidenced  by  the  location  of  the 
operating  line  with  respect  to  the  efficiency 
islands  and  to  the  siirge  line  at  the  low  power 
points.  Design-point  operation  is  achieved  at 
0.85  efficiency — approximately  4  points  below  the 
peak  efficiency  for  this  stage. 

Part  B  of  Figure  21  displays  the  centrifugal 
coit^ressor  (characteristics  and  shows  that  the 
operating  line  provides  for  adequate  surge  margin 
for  this  stage.  The  pressure  ratio  for  this 
stage  at  100-percent  power  is  s\i>stantially 
increased  by  the  CVIGV 's  (6.04  versus  5.63)  and 
results  in  a  reduced  efficiency  for  this  point. 


Part  C  of  Figure  21  displays  the  overall  compressor 
characteristics  and  shows  that  the  operating 
line  falls  near  the  peak  efficiency  points  for 
the  veirious  speed  lines  with  adequate  surge 
margin  over  the  operating  range.  Also,  the 
efficiency  levels  are  approximately  3  points 
higher  than  those  achieved  with  fixed  geometry. 
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This  match  results  in  a  significant  improvement  ] 
in  design-point  SFC  compared  to  the  fixed-geometry  l 
case.  However,  the  results  are  obviously  opti-  . | 
mis tic,  since  no  efficiency  degradation  for  •  ^ 
the  presence  of  CVIGV’s  has  been  included  here.  | 
The  narrow  surge  margin  observed  for  the  axial  ] 
component  may  result  in  axial  component  stall;  ] 
but  as  in  the  case  of  the  fixed- geometry  com-  ^ i 
pressor,  overall  compressor  surge  would  not  be  *| 
expected. 


The  compressor  cind  engine  SFC  data  for  this  case 
are  given  in  Table  VI. 


TABLE  VI. 

AAFG  +  CVIGV  COMPRESSOR 
^'^C  ~  DESIGN^ 

Percent 

Power 

(lb/ sec) 

P4/P1 

Ts 

(“F) 

SFC 

100.0 

3.644 

12.53 

0.802 

2500 

0.447 

59.5 

2.983 

9.48 

C.808 

2090 

0.486 

28.6 

2.337 

6.90 

0.793 

1750 

0.636 

20.9 

2.135 

6.15 

0.785 

1650 

0.744 

2.  =  a-gjj.ncc,  DESIGS-iH£-CVIGVjL01= 

The  efficiency  degradation  for  this  case  was 
selected  to  show  sensitivity  to  this  parameter 
and  is  considered  to  be  representative  of  losses 
that  may  be  expected  for  this  configuration. 

The  match  for  this  case  yields  an  overall  com¬ 
pressor  peak  efficiency  over  0.80  at  the  design 
point.  The  data  are  displayed  in  the  three 
composite  compressor  maps  (O''  and  -15"  CVIGV 
setting  angles)  of  Figure  22. 

Part  A  of  Figure  22  displays  the  axial  compressor 
characteristics.  Comparison  with  Part  A  of  Fig¬ 
ure  20  shows  the  effect  on  the  20- ,  30- ,  60—, 
and  100-percent-power  points  for  the  efficiency 
degradation  assumed  for  this  case. 
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iasFLOK,  w^iT/Si  -  lb/sec 

(A}  AXIAL  COMPRESSOR:  FIXED  GEOHSaR^ 


Figure  2i»  Estimated  Performance  Characteristics,  !IVp~Stage 
Axial  Plus  Centrifugal  Compressor  (No  Efficiency 
Degradation  Due  to  CVIGV),  AAFG  +  CVIQV. 
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(B)  CEHTRIFDGAL  COMPRESSORS  VA5ZABLS 
IHLET  GUIDE  VASES,  0*  ABD  -15* 
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OVERALL  PRESSURE  RATIO 
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(C)  GVERALL  COMPRESSOR 
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Figvire  22.  Estimated  Performance  Characteristics, 
Two-Stage  Axial  Plus  Centrifugal 
Compressor  (Includes  Efficiency 
Degradation  Due  to  CVIGV) ,  AAFG  +  CVIGV. 
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(B)  CEHTRIFUGAL  CCMPRBSSC^:  VARIABLE  (C) 

IHLET  GUIDE  VAHES,  0®  AHD  -15* 

{’’CC  *  ^CC'  DESIGH  ^  AT  -15*) 


t 


(C)  OVEKALL  COMPRESSOR 


hl5*) 


Part  B  of  Figure  22  displays  the  centrifugal  com¬ 
pressor  characteristics  and  shows  the  effect  on 
the  100-percent-poK*er  point  of  the  efficiency 
degradation  assumed  for  this  study.  Compared  to 
Part  B  of  Figure  20,  the  efficiency  pressure  ratio, 
flow,  and  corrected  speed  are  all  reduced. 

Part  A  of  Figure  72  shows  the  effects  of  a  repre¬ 
sentative  efficiency  degradation  assigned  for 
this  study  to  tta  centrifugal  stage  for  the 
presence  of  CViJV's  at  -15*  setting  angle  (100- 
percent  power) .  The  composite  maps  are  predictably 
similar  except  for  the  efficiency  levels  where  the 
CVIGV’s  are  actuated  to  -15*  setting  angle. 

The  compressor  and  engine  SFC  data  for  this  case 
are  given  in  Table  VII. 


TABLE  VII.  AAFG  +  CVIGV  C(»5PRESSOR 

^’^cc  =  design 

FOR  CVIGV  /  0*) 

Percent 

Power 

W./5/6 

(Ib/sec) 

P4/P1 

T6 

(“F) 

SFC 

100.0 

3.542 

12.29 

0,780 

2500 

0.460 

59.9 

2.970 

9.44 

0.808 

2040 

0.493 

32.1 

2.408 

7.18 

0.796 

1750 

0.615 

19.9 

2.095 

6.02 

0.783 

1600 

0.781 

3. 3. 2. 4  Single  Spool,  AAVIGV  +  CFG 
A  match  was  achieved  for  this  case,  consisting  of: 

1.  Two-stage  axial  compressor  component, 
variable  inlet  guide  vanes  (AAVIGV) 

2.  Single-stage  centrifugal  ccxnpressor 
component,  fixed  geometry  (CFG) 

The  results  of  this  study  show  a  significant  improve¬ 
ment  in  the  compressor  match  and  yield  efficiency 
levels  near  the  full  potential  for  the  compiressors  as 
designed.  The  axial  compressor  operates  at  lower  than 
optimum  flows  for  the  reduced  power  points,  but  opera¬ 
tion  at  60-  and  100-percent  power  is  near  the  peak 
efficiency  points  for  the  respective  speeds.  The  axial 
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compressor  operates  with  5-  to  7-percent  surge  margin 
at  the  20-percent-power  point,  and  additional  surge 
margin  could  be  gained  for  acceleration  by  actuation 
of  the  AAVIGV's  at  reduced  power. 

The  axial  and  centrifugal  compressor  efficiencies 
assiimed  for  this  study  are  as  follows: 

1.  Compressor  efficiencies  are  as  estimated 
by  the  compjressor  preliminary  design 

^  DESIGN^* 

2.  Compressor  efficiencies  arc  as  estimated  by 
the  compressor  preliminary  design  except 
that  the  axial  compressor  efficiency  is 
degraded  to  0.945  of  the  design  values 

for  operating  point (s)  with  AAVIGV's 
actuated  off  0®  setting  angle 

^^AX  ”  0*^5  design  AAVIGV  ^  0®). 

Based  on  matching  iterations  for  this  combination, 
AAVIGV  angle  settings  were  selected  to  be  0®  for 
speeds  up  to  and  including  100-percent  design  speed, 
and  -15®  for  speeds  above  100  percent.  Note  that 
negative  setting  angles  effect  swirl  in  the  direction 
opposite  to  rotor  rotation. 

^C  =  ^C,  DESIGN- 

yields  an  overall  compressor  peak  efficiency 
of  approximately  0.82  near  the  design  point 
(60-percent  power) .  The  data  are  displayed  in 
the  three  composite  compressor  maps  (0®  and 
-15*  AAVIGV  setting  angles)  of  Figure  23. 

Part  A  of  Figxure  23  displays  the  axial  compres¬ 
sor  characteristics  and  shows  that  the  match 
is  still  slightly  less  than  ideal,  as  evidenced 
by  the  0.878  design-point  efficiency  compared 
to  the  0.89+  peak  efficiency.  Also,  the  narrow 
surge  margin  at  the  low  power  points  may  require 
actuation  of  the  AAIGV’s  at  these  po%«er  levels 
for  adequate  surge  margin.  This  could  be  accom¬ 
plished  without  complication  but  may  slightly  in¬ 
crease  the  operating  SFC's  for  these  low  po%«r 
points. 
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PRESSURE  RATXO 


’ 


AIRPLCSr#  -  liB/SBC 


(&}  AXIAL  COMPRESSOR:  VARIABLE  IKLST 
GUIDE  VAHES,  0*  AKD  -15* 


Figure  23.  Estimated  Performance  CSiaracteristies, 

Two-Stage  Axial  Plus  Centrifugal  Compressor 
(Includes  No  Efficiency  Degradation  Due 
to  AAVIGV),  AAVIGV  +  CFG. 


t 
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PRESSURE  RATIO 


(B)  CE8TRIFUGAL  COMPRESSOR;  FIXED  GEOMETRY 


OVERALI.  PRESSURE  RATIO 


AIRFLOW,  W^i/6i  -  I£/SEC 
(C)  OVERALL  COMPRESSOR 


Part  E  of  Figiire  23  displays  the  centrifugal 
ccjapressor  characteristics  and  shows  that  the 
operating  line  prc.’vides  for  adequate  surge  margin 
for  this  stage  a:id  is  very  close  to  the  peak 
efficiency  operation.  However,  coa^jarison  with 
Part  B  of  Figxire  14  shows  that  the  operating 
line  on  the  centrifugal  compressor  map  differs 
only  slightly  from  that  determined  for  the 
fixed-geometry  co^ination  (AAFG  +  CFG) . 

Fart  C  of  Figiire  23  displays  the  overall  compressor 
characteristics.  From  this  it  can  be  seen  that 
the  operating  line  falls  neax^  the  peak  efficiency 
points  for  the  Veirious  speed  lines  with  adequate 
sxirge  margin  ovsr  the  operating  range.  ^>1.30,  the 
design-point  efficiency  is  approximately  0.819, 
which  represents  the  best  match  achieved  in  these 
matching  studies. 

The  compressor  and  engine  SFC  data  for  this  case 
are  given  in  Table  VIll.  These  results  are  the  best 
achieved  in  these  tentative  matching  studies,  but 
are  clearly  optimistic  due  to  the  assun5>tion  of 
no  compressor  efficiency  degradation  due  to 
AAVIGV’s. 


TABLE  VIIL.  AAVIGV  +  CFG  COMPRESSOR  = 

V,  DESIGN^ 

Percent 

Vy/Q/6 

■H 

Power 

CLb/seo) 

nm 

m| 

SFC 

. 

100.0 

3.640 

12.53 

9.812 

2500 

0.443 

59.5 

2.983 

9.48 

0.819 

2085 

0.481 

30.0 

2.378 

7.02 

0.809 

1750 

0.611 

21.9 

2,165 

6.25 

0.799 

1650 

0.713 

._P.« ..n  ^  DESIGN---- 

efficiency  degradation  for  this  caise  is  con¬ 
sidered  to  be  representative  of  maximum  loss  to 
be  expected  and  is  estimated  from  GTP331-13  engine 
test  data  incorporating  radial  inlet  guide  vanes. 
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“The  match  for  this  case  yields  an  overall  compres¬ 
sor  peak  efficiency  of  approximately  0.82  near  the 
design  point  (60-percent  power) .  The  data  are 
displayed  in  the  three  composite  compressor  maps 
(0“  and  -15®  AAVIGV  setting  angles)  of  Figure  24. 

Part  A  of  Figure  24  displays  the  axial  compressor 
characteristics  and  shows  the  effect  on  the  100- 
percent-power  point  of  the  efficiency  degradation 
assvuned  for  this  study.  Compared  to  Part  A  of 
Figure  22,  the  100 -percent-power  pressure  ratio 
is  increased  while  the  flow  is  decreased. 

Part'  B  of  Figure  24  displays  the  centrifugal 
compressor  characteristics.  Comparison  with 
Part  B  of  Figure  22  shows  the  slight  effect  on 
the  20-,  30-,  60-,  and  100 -percent-power  points 
due  to  the  efficiency  degradation  assumed  for 
this  case.  Additional  matching  iterations  for 
this  coi^ination  could  shift  the  operating  line 
toward  reduced  airflows  and  effect  some  increase 
ir  efficiencies  over  the  operating  range  at  the 
expense  of  surge  margin. 

Part  C  of  Figure  24  displays  the  overall  compressor 
characteristics.  Comparison  with  Part  C  of  Figure 
23  shows  the  effects  of  a  representative  efficiency 
degradation  assigned  for  this  study  to  the  axial 
compressor  component  for  the  presence  of  AAVIGV ‘s 
at  -15'  setting  angle  (100-percent  power).  The 
cnly  difference  to  be  noted  is  at  the  lOC-percent- 
power  point.  The  assumed  efficiency  degradation 
slightly  reduces  the  pressure  ratio,  flow,  and 
corrected  speed  for  this  point. 

The  compressor  and  engine  SFC  data  for  this  case 
are  given  in  Table  IX.  These  values  represent  a 
perfoinnance  level  near  the  maximum  potential  for 
the  compressors  as  designed  and  are  considered  to 
be  achievable  within  a  3-year  period.  The  slight 
matching  improvements  apparent  for  the  centrifugal 
stage  will  be  considered  in  the  following  tasks  of 
this  program. 
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i'RKSaUiUS  PATIO 


(A)  AXIAL  COMPRESSOR  COMPONENT:  VARIABLE 
INLET  GCIDE  VANES,  0®  AND  -15® 

-  0,945  jjggjgjj  FOR  AAVIGV  AT  -15®) 


Figure  24.  Estimated  Performance  Characteristics, 

Two-Stage  Axial  Plus  Centrifugal  Compressor 
(Includes  Efficiency  Degradation  Ehie  to 
AAVIGV),  AAVIGV  +  CFG. 
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PRESSURE  RATIO  -  P4/P 
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(B)  CEKTRXFCGftL  COMPRESSOR  C0HP(»1ENT 


FIXED  GEOMETRY 


AIRFLOW,  W^iTAi  -  lb/sec 


GEOMETRY 


(C)  OVERALL  COMPRESSOR 


TABLE  IX. 

AAVIGV  +  CFG  COMPRESSOR 

("ax  =  <>-9«  "ax,  desigk 

AAVIGV  0°) _ 

Percent 

Power 

W^6 

(Ib/sec) 

n/Pl 

Ts 

CP) 

SFC 

100.0 

3.563 

12.36 

0.791 

2500 

0.456 

60.5 

2.996 

9.52 

0.819 

2045 

0.485 

29.2 

2.352 

6.92 

0.808 

1700 

0.629 

20.8 

2.129 

6.11 

0.797 

1800 

0.745 

3. 3. 2. 5  Single  Spools  AAVIGV  +  CVIGV 
A  match  was  achieved  for  this  Ccise,  consisting  of: 

1.  Two-stage  axial  con5>ressor  component,  variaJble 
inlet  gxiide  Vcines  (AAVIGV) 

2.  Single-stage  centrifugal  coispressor  coii5>onent, 
variable  inlet  gtjide  vanes  (CVIGV) 

This  is  the  first  of  two  combinations  of  variable  com¬ 
pressor  geometry  that  were  evaluated  in  this  prelimi¬ 
nary  matching  stucfy.  The  variable  vane  rows  for  the 
axial  and  centrifugal  con^jresscrs  are  e:./-isioned  as 
axial-flow  con5)onents  and  would  be  aunenable  to  simple 
control  linkage  arrangement. 

The  results  of  this  study  shew  no  advemtage  over  the 
combination  of  compressor  conponents  esploying  AAVIGV 's 
only;  and  in  fact,  for  the  case  of  representative  loss 
assumptions  for  the  two  variable  vane  rows,  a  per¬ 
formance  degradation  is  observtd.  The  axial  conpressor 
operates  at  lower  than  optimum  £)ows  for  the  reduced 
power  points,  but  operation  at  60-  and  100-percent 
power  is  near  the  peak  efficiency  points  for  the  re¬ 
spective  speeds.  The  axial  conpressor  operates  with  8- 
to  9-percent  surge  margin  at  20-percent  power,  emd  addi¬ 
tional  surge  margin  could  be  gained  for  acceleration  by 
actuation  of  the  variable  vane  rows  at  reduced  power. 

The  axial  and  Cv'^ntrit  igal  conpressor  efficiencies  as¬ 
sumed  for  this  study  are  as  follows: 

1.  Conpressor  efficiencies  are  as  estimated  by 
the  conpressor  preliminary  design 

*  ’’C,  DESIQl^. 
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2.  C(»pre8sor  efficiencies  are  as  estiieated  by 
the  coapressor  prelininaxy  design  except 
that  the  axial  and  centrifugal  cotnpressor 
efficiencies  are  each  degraded  to  0.945 
of  their  respective  design  values  {or 
operating  points)  with  AAVIGV's  and 
CVIGV's  actuated  off  0"  setting  angle 


(1) 


'AX-CC 


=  0.945 


AAVIGV  and  CVIGV  0*) 


AX-CC,  DESIGN 


for 


Based  on  Hatching  iterations  for  this  cotabination, 
AAVIGV  and  CVIGV  angle  settings  were  selected  to  be 
0*  for  speeds  up  to  and  incltiding  100-percent  design 
speed,  2md  -IS*  for  speeds  above  100  percent.  Note 
that  negative  setting  angles  for  both  AAVIGV*  s  and 
CVIGV's  effect  swirl  in  the  direction  opposite  to 
rotor  rotation. 


’^C  ’’c  DESIGN*  match  for  this  case 

yields  the  saiae  overall  coospressor  peak  effi¬ 
ciency  (0.82)  as  was  observed  for  Combination  4, 
consisting  of  AAVIGV  +  CFG.  The  peak  efficiency 
island  occxirs  between  the  design  point  (60-percent 
power)  and  stirge.  The  data  are  displayed  in  the 
three  composite  compiressor  maps  (0*  and  -15* 

AAVIGV  and  CVIGV  setting  angles)  of  Figure  25. 

Part  A  of  Figvure  25  displays  the  axial  compressor 
characteristics  and  shows  a  match  almost  identical 
with  that  of  Combination  4,  AAVIGV  +  CFG,  except 
for  the  100-percent-power  point,  where  the  pres- 
sxire  ratio  and  efficiency  for  the  axial  compressor 
are  significantly  lower.  The  design-point  effi¬ 
ciency  for  this  c(xnpressor  component  is  0.885 
compared  to  the  0.89+  peak  efficiency.  As  *fas 
discussed  for  Combination  4,  AAVIGV  +  CFG,  the  in¬ 
let  guide  vanes  could  be  actuated  at  the  low  power 
levels  to  increase  the  sxirge  margin  without 
mechanical  complication,  but  possibly  with  some 
slight  increase  in  SFC  for  the  low  power  points. 

Part  B  of  Figure  25  displays  the  centrifugal  com¬ 
pressor  characteristics  and  indicates  a  match  al¬ 
most  identical  with  that  for  Combination  4, 

AAVIGV  +  CFG,  except  for  the  100 -percent-power 
point,  where  the  pressiure  ratio  is  significantly 
higher  and  the  efficiency  is  reduced. 
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PRESSURE  RATIO -Ps/P 


AIRPMW,  -  LB/SEC 


(A)  AXIAL  CGKFRESSC^:  VARIABLE 

IHLET  GUIDB  VASES,  0*  AND  -15* 


(B) 


Figure  25,  Estinsated  Performance  Characteristics,  Two-Stage 
Axial  Plus  Centrifugal  Compressor  {Includes  No 
Efficiency  Degradation  Due  to  AAVIGV  and  CVIGV) , 
AAVIGV  +  CVIGV. 
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PRESSURE  RATIO  -  P*/?# 


OVERALL  PRESSURE  RATIO 


Pairt  C  of  Figiire  2;?  displays  the  overall  con^res- 
sor  characteristics.  It  shows  that  the  operating 
line  falls  near  the  peak  efficiency  points  for 
the  various  speed  lines  with  adequate  surge  meirgin 
over  the  operating  range.  The  design-point  effi¬ 
ciency  is  approximately  0.819. 

The  compressor  and  engine  SFC  data  for  this  case 
are  given  in  Table  X.  These  results  reflect 

slightly  lower  performance  than  that  reported 
for  the  'Iq  -  DESIGN  Combination  4 

(AAVIGV  +  CFG) /paragraph  3. 4. 2. 4. 


TABLE  X, 

AAVIGV  ' 

H  eVIGV  COMPRESSOR  * 

^C,  DESIGN^ 

Percent 

Power 

wy076 

(Ib/sec) 

n  4  1 

'i’s 

(“F) 

SFC 

100.0 

3.615 

12.49 

0.805 

2500 

IBM 

59.7 

2.985 

9.49 

0.819 

2070 

31.8 

2.426 

7.19 

0.814 

1750 

19.6 

2.104 

6.02 

0.799 

1600 

^AX-CX:  ~  ^AX-CC,  DESIGN  ^VIGV  + 

eviGV  ^  0°  ;  The  matcdi  for  this  case  yields  the 
same  overall  peak  efficiency  of  0.82  as  was  ob¬ 
served  above  and  as  was  observed  for  Combination 
4  (AAVIGV  +  CFG) .  The  peak  efficiency  similairly 
occurs  between  the  design  point  and  the  surge 
line.  The  data  are  displayed  in  the  three  com¬ 
posite  compressor  maps(0®  and  -15®  AAVIGV  and 
eVIGV  setting  angles)  of  Figure  26, 

Part  A  of  Figure  26  displays  the  axial  compressor 
characteristics  and  shows  the  effect  of  the  effi¬ 
ciency  degradation  assumed  for  this  study  on  the 
100-percent-power  point,  comparison  with  Part  A 
of  Figure  25  shows  that  the  pressure  ratio  is 
increased  while  the  flow  is  decreased. 

Part  B  of  Figure  26  displays  the  centrifugal  com¬ 
pressor  characteristics.  Comparison  with  Part  B 
of  Figxire  25  shows  the  slight  effect  on  the  20-, 
30-,  60- ,  and  100-percent- power  points  due  to  the 
efficiency  degradation  assuised  for  this  case. 
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Part  C  of  Figure  26  displays  the  overall  compressor 
characteristics.  Comparison  with  Part  C  of  Figure  25 
shows  the  effects  of  a  representative  efficiency 
degradation  as  assigned  for  this  study  to  tiie 
axial  cind  centrifugal  compressor  components  for 
the  presence  of  AAVIGV's  and  CVIGV's  at  the 
-15“  setting  angle.  The  only  difference  to  be 
noted  is  at  the  100-percent- power  point.  The 
assvimed  efficiency  degradation  reduces  the  pres¬ 
sure  ratio,  flow,  and  corrected  speed  for  this 
point. 

The  compressor  and  engine  SFC  data  for  this  case 
are  given  in  Table  XI,  These  results  reflect 
slightly  lower  performance  than  that  reported 
in  Paragraph  3 .  3. 2 . 4  for  Combination  4  (AAVIGV  + 

CFG)  with  efficiency  degradation  for  AAVIGV's. 


TABLE  XL  AAVIGV  +  C\^IGV  COMPRESSOR 

^'’aX-CC  ^  0*945  DESIGN 

AAVIGV  +  CVIGV  ^  0“) 


Percent 

Power 


100.0 

60.2 

31.8 

23.1 


wva/d 

(Ib/sec^l  P4/P1 


3.496 

2.974 

2.414 

2.196 


12.21 

9.45 

7.15 

6.35 


2500 
2010 
0 

1600 


0.462 

0.489 

0.611 

0.713 


3.  3.2.6  Single  Spool,  AAVIGV  -r  C  (VIGV  +  VDV) 

A  match  was  achieved  for  this  case,  consisting  of: 

1.  Two-stage  axial  compressor  component, 
variable  inlet  guide  vanes  (AAVIGV) 

2.  Single-stage  centrifugal  compressor  com¬ 
ponent,  variable  inlet  guide  vanes,  and 
Vciriable  diffuser  vanes  C  (VIGV  +  VDV) . 

This  is  the  second  of  two  combinations  of  variable  com¬ 
pressor  geometry  that  were  evaluated  in  this  preliminary 
matching  study.  The  intent  of  this  study  Weis  to  explore 
the  performance  potential  for  such  a  system  with  full 
recognition  of  the  mechanical  con5)lexity  that  would  be 
required  for  operation. 
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PRJSSSUZUi  RATIO 


i»5  2.0  2o5  3.0  3.5  4,0  4,5 

l.OU.^ 

->  ■  -  . » 

1.1  1.3  < 

AIRFLOW,  WyeT/ii  ~  LB/SEC 

i 

(A)  AXIAL  COMPRESSOR  COMPOiENT: 

VARIABLE  ISLET  GOIDE  VANE,  0"  AND  -15* 

-  0.945  ll;aC,DBSI<a  ^0^  -15*) 

(B)  CENTRir" 
VARIABI 

- 

f 

r 

Figure  26,  Estimated  Performance  Characteristics,  Two— Stage 
Axial  Plus  Centrifugal  Compressor  (includes 
Efficiency  Degradation  Due  to  AAVIGV  and  CVIGV) . 
AAVIGV  +  CVIGV. 

( 

4 

f 
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PRESSURE  RATIO 


OVERALL  PRESSURE  RATIO 


The  results  of  this  study  show  no  significemt  advantage 
over  the  combination  of  compressor  components  employing 
AAVIGV's  and  CVIGV's  only.  Similar  to  the  previovts 
combinations  studied,  the  axial  compressor  operates  at 
lower  than  optimum  flows  for  the  reduced-power  points, 
with  operation  at  60-  and  100-percent  power  near  the 
peak  efficiency  points  for  the  respective  speeds.  The 
axial  compressor  operates  with  approximately  7-percent 
stirge  margin  at  20-percent  power.  Additional  surge 
mctrgin  might  be  gained  for  acceleration  by  actuation 
of  the  Vciriable  vane  rows  at  reduced  power. 

The  cixial  and  centrifugal  compressor  efficiencies  as¬ 
sumed  for  this  study  are  the  same  as  those  estimated  by 
the  compressor  preliminary  design  study  except  that  the 
axial  and  centrifugal  coi^ressor  efficiencies  are  each 
degraded  to  0.945  of  their  respective  design  values  for 
operating  points (s)  with  AAVIGV’s  and  CVIGV's  actuated 
off  0®  setting  angle  ~  0.945  DESIGN 

for  AAVIGV,  CVIGV,  and  CVDV  /  0®).  This  study  did  not 
include  analysis  for  no  efficiency  degradation,  since 
data  for  this  comparison  have  already  been  observed  for 
Combinations  3  (AAPG  +  CVIGV) ,  4  (AAVIGV  +  CFG) ,  and 
5  (AAVIGV  +  CVIGV) . 

AAVIGV,  CVIGV,  and  CVDV  angle  settings  were  selected  to 
be  0®  for  speeds  up  to  and  including  100-percent  design 
speed,  and  -15®,  -15®,  and  -2®,  respectively,  for  speeds 
above  100  percent.  Note  that  negative  setting  angles 
for  both  AAVIGV's  and  CVIGV’s  effect  swirl  in  the  direc¬ 
tion  opposite  to  rotor  rotation.  Additionally,  negative 
setting  angles  for  the  CVDV's  effect  adjustment  to  re¬ 
duce  the  vane  angle  with  respect  to  the  radial  direction 
and  thereby  increase  flow. 

The  match  for  this  case  yields  a  reduced  overall  com¬ 
pressor  peak  efficiency  of  0.81  compared  to  0.82  for 
ConOjinations  4  (AAVIGV  +  CFG)  and  5  (AAVIGV  +  CVIGV) 

The  peak  efficiency  island  coincides  with  the  operating 
line  at  speeds  slightly  below  the  100-percent-power 
speed.  "Rie  data  cire  displayed  in  the  three  composite 
compressor  maps  (0®  and  -15®,  -15®,  and  -2®  setting 
angles  for  AAi^GV's,  CVIGV's,  and  CVDV’s,  respectively) 
of  Figure  27. 
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Part  A  of  Figure  27  displays  the  axial  compressor 
cheuracteristics .  CcMoparison  with  the  map  for  Cc»abina-> 
tion  5  (AAVI6V  +  CVI6V),  Part  A  of  Figure  26,  shows 
that  the  operating  points  on  the  axial  compressor  map 
are  virtually  unchanged  by  actuation  of  the  diffuser 
vanes  at  100-percent  power. 

Part  B  of  Figure  27  displays  the  centrifugal  compressor 
characteristics.  Comparison  here  with  the  map  for 
Combination  5  {AAVIGV  +  CVIGV),  Part  B  of  Figure  26, 
shews  the  effe^  of  veuriable  diffuser  vanes,  actuated 
for  -2®  at  100-percent  power,  on  the  centrifugal  com¬ 
pressor  100-percent-power  match  point.  The  principal 
result  as  displayed  is  to  increase  the  centrifugal  com¬ 
pressor  efficiency  at  the  expense  of  surge  meurgin. 

Pztrt  C  of  Figure  27  displays  the  overall  compressor 
characteristics.  From  this  it  can  be  seen  that  the 
operating  line  falls  near  the  peak  efficiency  points  for 
the  operating  range.  Comparisoi^  again  with  the  respec¬ 
tive  map  for  Combination  5  (AAVIGV  +  CVIGV) ,  Part  C  of 
Figure  26,  shows  that  the  design  points  are  changed 
only  slightly  by  actuating  the  diffuser  vanes  at  the  100- 
percent-power  point. 

The  increase  of  approximately  0.01  in  centrifugal  com¬ 
pressor  efficiency  compaored  to  Combination  5  (AAVIGV  + 
CVIGV)  produces  only  a  fractional  gain  in  compressor 
overall  efficiency  for  the  100-percent-power  point  due 
to  the  simultaneous  loss  in  axial  conpressor  efficiency 
and  pressure  ratio.  Based  on  this,  it  is  concluded  that 
no  significant  advantage  can  be  realized  for  this  com¬ 
bination. 

The  CoB^esscr  and  engine  SFC  data  for  this  case  exe 
given  in  Table  XII. 
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PRBS8URB  RATIO 


AXRFLOIf,  W./g^/  6  i  —  lb/sec 

(A)  AXIAL  CCMTRSSSOR  COHPOKEK7:  VARIABLE 
ISTiBT  GUIDE  VAKSS,  0*  AHD  -15* 

^^AX  -  ^‘^5  ^  TOR  AAVIGV  -15*  ) 


(B)  CEHTRIF 
GUIDE  V, 


Figure  27. 


Estimated  Performance  Characteristics,  Two-Stage 
Axial  Pius  Centrifugal  Compressor  (Includes 
Efficiency  Degradation  Due  to  AAVIGV  +  CVIGV) , 
AAVIGV  -r  CVIGV  +  CVDV. 
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(B)  CEHSRIFCGUj  compressor  COMPCmST:  VARIABLE  IHLET 
GDIDB  VAHES.  0"  ASD  -15*,  PLOS  VARIABLE  DIFFCSER 

'ncQ  -  0.945  dbsIGS  ^  “IS*) 


age 


/ 


;  latiET 
■FUSER 


(C)  OVERAIi  COMPRESSOR 


Matching  studies  were  conducted  for  this  case,  consisting 
oft 

1.  Two^stage  axial  coi]q>re8sor,  fixed  geossetry, 
coupled  to  the  second  stage  of  a  two-stage 
gasifier  turbine  (low-pressure  spool) 

2.  Single-stage  centrifugal  costpressor,  fixed 
geostetry,  coupled  to  the  first  stage  of  a 
two-stage  gasifier  tvirbine  (high-pressxire 
spool) 

The  intent  of  this  study  was  to  explore  the  performance 
potential  of  twin-spool  matching.  Clearly,  nothing  less 
them  a  significzint  performeince  advantage  for  this  case 
would  justi^  its  selection  in  light  of  the  conqplexity 
of  the  niechanic2J.  arrangement  that  would  result  for  the 
small,  front-drive  tuiSioshaft  engine  assumed  for  this 
program.  This  mechanical  conmlexity  would  result  for 
either  a  three-coaxial-shaft  arrangement  or  a  parallel- 
shaft  arrangenent. 

The  results  of  this  study  show  that  low-presstire-spool 
and  high-pressure-spool  matches  yield  high  coa^>r8S5or 
efficiency  levels  for  both  the  axial  and  the  centrifugal 
con^jressor.  Furthermore,  both  compressor  matches  provide 
for  adequate  svirge  margin  over  the  operating  range  from 
20-  to  100- percent  power.  However,  engine  cycle  data 
show  that  the  effect  of  gasifier  turbine  component  effi¬ 
ciency  degradation  resulting  for  twin  spooling  partially 
offsets  the  high  compressor  performance. 

The  matching  c _ ducted  in  this  study  is  based  on  axial 

and  centrifugal  compressor  characteristics  as  estimated 
in  the  preliminary  compressor  design  for  this  task  ard 
as  follows: 

1.  Engine  ccntponent  efficiencies  (excluding 
compressors}  cmd  cycle  assumptxons  are 
as  reported  for  Task  lA  design-point 
studies,  P2u:agraph  2.2  (reference  Appendix 
I)  and  off-design  studies.  Paragraph  2.4 
(reference  Ippendix  II) .  Gasifier  tvurfaine 
stages  1  (high-pressure  spool)  and  2  (low- 
pressure  spool)  each  operate  with  the 
efficiency  estimated  for  the  vwo-stage 
gasifier  turbine  “  "lft  =  "gT,  DESIGN>  • 
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2. 


Same  as  (1)  except  that  efficiencies 
of  the  second-stage  gasifier  tiirbine 
(low-press lire  spool)  are  degraded  by 
4  percent  (njjpij,  =  =  0.96  ngm  ^  DESIGN^* 

Analysis  was  made  based  on  the  assumptions  given  in  (1) 
and  (2) ,  and  results  are  discussed  below. 

1.  ^hPT  ~  '^LPT  ~  ^GT,  DESIGN  ~  axial  and  cen¬ 
trifugal  con^jressor  characteristics  for  this 
case  are  identical  with  those  displayed  in  Figure 
28  for  the  case  with  gasifier  turbine  efficiency 
degradation.  The  operating  points  for  this  case 
would  be  slightly  different  from  those  shown  on 
Figure  28. 

The  data  from  this  match,  which  are  given  in  Table 
XIII  show  a  design-point  SFC  of  0.483  (TIT  =  2060 “F) 
coitpared  to  design-point  values  for  Combination  4 
(AAVIV  +  CFG)  of  0.481  (TIT  =  2085°F)  and  0.435 
(TIT  =  2045®F)  with  efficiency  degradation. 

Further  comparison  with  off-design  values  showed 
a  slight  advantage  for  twin  spooling  compared  to 
the  data  for  Combination  4  (with  efficiency  de¬ 
gradation)  .  Clearly,  no  significant  advantage  is 
evidenced  for  this  case  of  twin  spooling,  notwith¬ 
standing  the  fact  that  the  twin-spool  data  are 
somewhat  optimistic. 


TABLE  Xin.  Ti'^IN-SPOOL  COMPRESSOR,  AAFG  +  CFG 

^HPT  ”  ’^LPT  ~  ’’gT,  DESIGN^  | 

Percent 

Power 

Ky/^6 

(Ib/sec) 

n 

ni»i 

Ts 

('F) 

- ^ 

SFC 

100.0 

59.5 

29.5 
22.2 

3.658 

3.020 

2.420 

2.238 

12.62 

9.56 

7.10 

6.41 

0.799 

0.819 

0.819 

0.816 

2500 

2060 

1700 

1600 

0.449 

0.483 

0.614 

0.701 

^HPT  "'VsT,  DESIGN  ’  ^LPT  °  ^LPT,  DESIQj 

The  eucied.  «uid  centrifugal  coir5>resaor  characteris¬ 
tics  for  this  CMe  are  shown  in  Figure  28. 
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PRESSURE  RATIO 


PRESSURE  RATIO 


1.2 


.6 


1.8 


2 


1.4 


1 


AIRFLOW,  W^8»/S»-I«B/SEC 


(B)  SISGLE-STAGE  CESTRIFUGAL  COMPRESSOR  COMPONENT 


Figiire  28(A)  displays  the  axial  compressor  charac¬ 
teristics  eind  the  20-/  30- ,  60-/  eind  100-percent- 
power  operating  points.  The  design-point  match 
(60-percent  power)  is  very  near  the  peak  efficiency 
for  this  compressor  ^nd  shows  an  efficiency  of 
0.884.  Adequate  sxirge  margin  is  evidenced  over  the 
operating  rciage,  including  approximately  19  percent 
at  20-percent  power. 

Figure  28(B)  displays  the  centrifugal  compressor 
characteristics  eind  the  20- ,  30-/  60- ,  and 
100-percent-power  operating  points.  The  resultant 
operating  line  for  this  stage  provides  for  adequate 
sxirge  margin  over  the  operating  range,  including 
approximately  16  percent  at  20-percent  power. 

The  compressor  eind  engine  SFC  data  for  this  task  are 
given  in  Table  XIV.  The  performance  levels  indi¬ 
cated  aire  considered  to  be  achievable  with  the 
geisifier  turbine  efficiency  degradation  cissumed  for 
this  study.  Comparison  of  these  data  with  those 
reported  for  Combination  4  (AAVIGV  +  CFG) /  Paragraph 
3. 3. 2. 4,  Table  XIV,  showed  comparable  performance 
levels,  with  a  slight  advantage  for  the  AAVIGV 
+  CFG  combination. 


TABLE  XJV.  TWIN-SPOOL  COMPRESSOR,  AAFG  +  CFG 
^HPT  ~  ’’gT,  design*  ’’lPT  = 

’’gT,  DESIGN^ 

Percent 

Power 

WJ576 

(Ib/sec) 

nu  1 

Ts 

(“F) 

SFC 

100.0 

59.5 

29.4 

22.2 

3.662 

3.031 

2.<t  :6 

2.245 

12.68 

9.58 

7.10 

6.41 

0.800 

0.820 

0.819 

0.816 

2500 

2060 

1700 

1600 

0.454 

0.489 

0.623 

0.713 
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Tha  results  of  these  matching  studies  are  presented  and 
compared  i*.  the  above  paragraphs,  3. 3.2.1  through 
3. 3. 2, 7.  i!he  compressor  maps  presented  show  that  the 
principal  variations  for  the  schemes  studied  axe  in 
the  axial  compressor  match  points.  Except  for  Combina¬ 
tion  1  with  fixed  geometry  (AAFG  +  CFG) ,  only  minor  dif¬ 
ferences  were  observed  in  the  overall  compressor  effi¬ 
ciencies,  and  differences  in  SFC‘s  were  largely 
attributable  to  the  vaorious  design-point  TIT*s. 

A  summary  of  comparisons  is  as  follows: 

SINGLE  SPOOL 

(1)  AAFG  +  CFG  combination  yields  a  poor  design- 
point  efficiency  match  and  redu  :ed-power  operation 
of  the  axial  con^ressor  in  stall. 

(2)  AAFG  +  CVDV  combination  yields  a  design-point 
efficiency  approximately  2  points  below  Com¬ 
bination  4  {AAVIGV  +  CFG)  but  shows  an  SFC  only 
slightly  higher  due  to  the  higher  match  TIT 
(+85 ®F) .  The  axial  compressor  operates  near 
stall  at  reduced  powers. 

(3)  AAFG  +  CVIGV  combination  with  representative 
efficiency  degradation  yields  design-point 
efficiency  approxiinately  1  point  below  Com¬ 
bination  4  (AAVIGV  +  CFG)  with  correspondingly 
higher  SFC.  Axial  compressor  operates  near 
stall  ar  reduced  power. 

(4)  AAVIGV  +  CFG  combination  with  representative 
efficiency  degradation  yield:?  the  best  design- 
point  efficiency,  0.819,  and  the  lowest  SFC,  0.435. 
Axial  compressor  operation  at  reduced  power  re¬ 
quires  AAVIGV  actuation  for  stall  rtnrgin. 

Selected  as  the  best  matching  scheme. 

(5)  .6AVIGV  +  eVIGV  and  (6)  AAVIGV  +  C  fVIG'.-  +  VDV) 
with  representative  afficiency  degradation  yields 
design-point  efficiency  identical  with  that  of 
Combination  4  (AAVIGV  +  CFG)  but  slightly  higher 
SFC  due  to  lower  match  TIT  (-35 ®F) .  Axial  cem- 
t^ressor  operation  at  reduced  power  requires  AAVIGV 
actuation  for  stall  margin.  ‘’Tiese  are  mechanically 


complicated  compared  to  Combination  4 
(AAVIGV  +  CFG) . 


TWIN  SPOOL 

(7)  AAFG  +  CFG  coal>ination  yields  design-point  effi¬ 
ciencies  identical  with  those  of  Combination  4 
(AAVIGV  +  CFG)  but  SFC  is  slightly  higher,  with 
representative  gasifier  turbine  efficiency  degra¬ 
dation.  Mechanically  complicated  front-drive 
shafting  is  required. 

The  selected  Coiabination  4  (AAVIGV  +  CFG)  shows  perfor¬ 
mance  values  below  the  theoretical  peak  efficiency  for 
these  axial  and  centrifugal  compressors,  including  0.819 
versus  0.834  for  compressor  efficiency  and  0.485  versus 
0.479  for  engine  SFC  at  2045 'F  (TIT) .  However,  addi¬ 
tional  matching  iterations  would  effect  some  impro%*ement 
for  this  case,  but  are  not  warranted  for  the  tentative 
studies  of  this  task. 

3.4  COMPRESSOR  DESIQJ  AND  MATCHING,  AAVIGV  +  CFG, 

Pu/?i  °  10.5 ;1 

The  aero^namic  design  was  conducted  for  a  two-stage  axial 
plus  ce'.trifugal  compressor  for  the  10. 5: 1-design-point  pres- 
sxire  ratio  selected  in  Task  lA,  Section  2.0.  The  cucial  and 
centrifugal  compressors  were  configured  for  2.06:1  and  5.1:1 
design-point  pressure  ratios,  respectively,  based  on  the  opti¬ 
mum  work-split  calculations  of  Task  lA. 

The  compressors  were  then  matched  by  employing  the  matching 
scheme  as  selected  in  Paragraph  3.3.2,  AAVIGV  +  CFG.  The 
design  and  matching  data  are  displayed  in  the  three  composite 
maps  (0®  and  -15®  AAVIGV  setting  angles)  of  Figure  29. 

Thef3  results  include  no  efficiency  degradation  for  AAVlGV^s 
and  can  be  compared  to  the  results  for  the  9.5 : 1-pressure- 
ratio  conwressor  reported  in  Paragraph  3. 3. 2. 7,  Figure  25. 

Ihese  compressor  data,  along  with  the  data  for  the  9,5:1  and 
11.5:1  (Paragraph  3.5)  compressors,  are  the  basis  for  Task  IB 
cycle  studies  to  determine  the  optimum  design-point  pressure 
ratio  for  the  engine  ass*,xmed  for  this  program. 
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3.5  COMPRESSOR  DESIGN  AND  MATCHING,  AAVIGV  -f  CFG, 

pZTPi  ” 

The  aeros^jiamic  design  was  conducted  for  this  two-stage  axial 
pl\M  centrifugal  coicpressor  for  the  11.5:l-dssign-point  pres- 
svue  selected  in  Tcisk  lA,  Section  2.0.  The  design  aiid  match¬ 
ing  were  conducted  identical  with  that  reported  in  Paragraph 
3.4  except  that  the  axial  and  centrifugal  coi^ressors  were 
configured  for  2.09:1  and  5.5:1  design-pcint  presstjre  ratios 
respectively . 

The  design  and  rsatching  data  are  displayed  in  Figure  30, 
which  can  be  ccs^iared  to  Figuires  29  (10:5:1)  and  25  (9.5:1). 


PRKSaiXRE  KATIO  -  Pj^/P 


AIRFLOW,  -  LB/SEC 

(A)  AlOAL  COMPRESSOR  C0HP0ESN7:  VARIABLE 
IHLET  GUIDE  VANES,  0*  AND  -15® 


Figure  29.  Estimated  Performance  Characteristics,  Two-stage 
Axial  Plus  Centrifugal  Compressor.  Design-Point 
Overall  Pressure  Ratio  =  10.5  (No  Efficiency 
Degradation  Due  to  AAVIGV),  AAVIGV  -r  CFG. 
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Figure  30. 


AIRFIiCW,  H/Sx/oi  -  LB/SEC 

(A)  AXIAL  COHPRBS30R  iXJMPC^BNT:  VARIABLE 
I2JLET  GUIDE  VAHES,  0®  ASD  -15® 


Estiitiated  Perforniance  Characteristics,  TVa-Stage 
Axial  Pius  Centrifugal  Contpiessor.  Design  T-oiu^. 
Overall  Pressure  Ratio  =  11. S  (No  Efficiency 
Degradation  Due  to  AAVIGV) ,  AAVIGV  CfO- 


:  'X 


PRESSUWE  RATIO 


PttESSURB 


1.0  1.2  1.4  1.6  1.8 

AIRFLOW,  ~  LB/SZC 

(B)  CENTRIFUGAL  COfiPRESSOR  CC&iPOKSNT;  FIXED  (SCBaBTHF 
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SIRFLCW,  H/ir/6-i  -  LB.  SBC 
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4. 


TASK  IB,  ENGINE  CYCLE  WiALYSlS 


4.1  GENERAL 

This  task  was  conducted  to  (1)  produce  engine  performance  data 
for  the  various  coir^jresscr  matching  schemes  compared  in  Task 
IIA,  Section  3.0,  (2)  effect  a  firm  selection  of  the  optimum 
design-point  pressure  ratio,  and  (3)  estimate  an  engine 
operating  line  to  display  final  compressor  design  requirements 
for  Task  I IB. 

4.2  CYCLE  A.SSUMPTIONS 

Advanced  technology  component  performance  levels  have  been 
assumed  for  these  analyses  and  are  identical,  except  as  noted, 
with  the  design  and  off-design  assumptions  reported  for  Task 
lA  in  Paragraph  2.2  {refer  also  to  Appendix  I)  and  Paragraph 
2.4  (refer  also  to  Appendix  II)  except  for  the  assumed  com¬ 
pressor  performance.  The  various  compressor  performance  and 
operating  characteristics  assumed  in  these  cycle  analyses  are 
as  estimated  in  Task  IIA,  Section  3,0. 

4.3  COMPRESSOR  MATCHING  STUDIES.  P4/P1  =  9.5; 1 

Engine  cycle  analyses  were  conducted  for  the  various  compres¬ 
sor  matching  studies  conducted  in  Task  IIA  and  reported  in 
Paragraph  3.3.2.  The  compressor  matching  variations  studied 
consisted  of  various  matching  arrangements  of  a  two-stage 
axial  compressor  (AA)  and  a  single-stage  centrifugal  compres¬ 
sor  (C) -  The  matching  arrangements  studied  consisted  of  com¬ 
pressor  configurations  en^iloying  fixed  geometry  (FG)  ,  variable 
inlet  guide  vanes  (VIGV's),  and  variable  diffuser  vanes 
(VDV's) . 

The  performance  data  for  these  studies  were  reported,  in  part, 
in  Paragraph  3.3.2  and  are  iiK>re  fully  presented  in  Table  XV. 

To  indicate  the  proximity  of  the  operating  points  from  the 
multistage  compressor  instability  (discussed  in  Section  3.0), 
the  margin  of  the  operating  points  from  axial  compressor  surge 
is  indicated  in  Table  XV.  For  instance,  on  Table  XV,  what  is 
displayed  for  axial  compressor  surge  margin  at  20  percent 
power  for  AAVIGV  -  CFG  (Combination  4,  5.3  percent  surge 
margin)  is  in  reality  the  margin  from  the  multistage  compressor 
instability  band.  It  will  be  recalled  that  this  is  a  narrow 
range  of  instability  for  the  multistage  compressor  and  that 
hard  surge  does  not  occur  until  the  centrifugal  compressor 
surges.  This  is  what  is  referred  to  in  Table  XV  as  overall 
surge  margin. 
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Notice  that  the  surge  margins  displayed  for  the  centrifugal 
and  multistage  compressors  have  different  values.  The  reason 
for  this  is  that  the  flows  for  surge  and  the  operating  points 
on  the  overall  compressor  map  must  be  corrected  for  the  axial 
compressor  discharge  conditions  (pressure  and  temperature) . 

The  surge  flow  of  the  centrifugal  compressor  viien  corrected 

for  the  zocial  compressor  exit  conditions  is  W-  _  The 

value  of  _  (surge  flow  for  centrifugal  compressor)  comes 

from  the  centrifugal  compressor  map.  The  actual  value  of 
this  surge  flow  is 


since  the  compressor  maps  cire  displayed  for  a  standaurd  day. 
Similarly,  for  an  operating  point. 


hi  JSS 


=w. 


O.P 


TI 


The  value  of  tlxe  operating  point,  p  f  taken  from  the 

centrifugal  compressor  map.  Surge  margin  for  the  operating 
points  on  the  centrifugal  compressor  map  SH_  is 


Surge  margin  for  the  operating  points  on  the  overall  compres¬ 
sor  map,  SHq  is 


s«o  = 


^O.P.  ^s.c.  ^ 


w. 


SM, 


O.P, 
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«AS1£  yv.  ENSIKE  CYCLE  EATA  (CALCULATED) 
CCKPRESSOR  KATCRINt;  STUDIES 


COrtRRSSSCft 

FLOW 

(CORRECTED) 


COJ!nCURATI<«J* 


COKPRESSOR 
SPEED 
(%  1^1031) 


AXIAL'  CEJITRIF-  AXIAL/  CEtflRIF- 
OVERAtL  UCAL  OVERALL  UCAL 
(%i  (5Q  (LB/SEC)  (LB'SEO 


CCKPRESSOR 

PRESSURE 

RATIO 


CE*?rRir- 

USAL 


2.23 

5.63 

12.57 

JO 

.865 

m 

.605 

m 

.793 

2.02 

4.70 

9.50 

.780 

.820 

.780 

1.78 

3.39 

6.9? 

.720 

.828 

.768 

1.70 

3.48 

5.97 

io 

.680 

.528 

m 

.762 

GASirZSR  TUR3ISE  COGLISG 
STAGES  1  AHD  2 


TWIH  SPOOL 


100,0 

“’79.6 

59.5 

464.3 

29.4 

229.3 

22.2 

172.7 

100.0 

787.7 

59.5 

468.0 

29.5 

272.1 

22.2 

175.2 

2S00|  113.0 
0.4R9  I  2060  I  99.6 
0.623  I  17C0  I  87.9 
.713  16C0  i  83.3 


0.419  2SOO  S  113.0 
0.433  2060  i  99. S 

0.614  1700 5  87.9 

0.701  IfOoS  83.8 


GASIFIER  TURSISS  COOLlliZ 
STAGE  1 


*(0.94S)  indicates  efficiency  de^redetxnn  due  to  veriebW  9eoc:etry, 


IC^.O 

59.3 

29.3 
22.1 

787.3 
466.5 

231.3 

174.4 

C.448  i 
0.483 
0.614 
0.701 

I250C  I 
2060  1 
1700  1 
1600 

113.0 

99.6 

87.8 

83.9 

100. 0 

795.5 

0.445 

2500 

il3.0 

59.5 

472.7 

0.478 

2060 

99.7 

29.7 

235.9 

0. 60j 

1700 

88.0 

23  4 

I'JS  6 

0  636 

’.600 

84  1 

SPSC2AL 


TABLE  XV.  23X;iKS  CYCLE  SATA  (CXLOJIAIED) 
CCKFIIESSOR  MATCHI9C  STUDIES 


COKPRESSOR 

3PE£Z> 

(X  OSSlOH) 


AXIAI^'  CESTAIF- 
SVESUOL  UGAL 


COHPRESSCR 

nxM 

(CORRECTSO) 


CCWRSSSWt 

PRESSURE 

RATIO 


100.0 

791.3 

60.0 

475.0 

29.0 

229.6 

18.5 

146.2 

100.0 

804.2 

60.0 

481.7 

30.8 

246.8 

19.5 

156. 

100.0 

788.6 

59.5 

468.4 

28.6 

225.5 

20.9 

164.5 

100.0 

59.5 

30.9 

21.9 

797.4 
473.9 
239.2 

174.5 

100.0 

60.5 
29.2 

20.6 

755-5 
457.6 
220. S 
157.2 

100.0 

732.6 

59.7 

466.9 

31. S 

248.6 

19.6 

153.1 

100.0 

736.6 

60.2 

437.7 

31.8 

331.1 

23.1 

165.2 

100.9 

779.6 

59-5 

464.3 

29.4 

229.2 

22.3 

172-7 

100.0 

787.7 

S9.S 

46S.0 

29.5 

332.1 

22.3 

175.2 

i”r 

’Vi. 

•  0.83 

190.0 

59.3 

787.3 

466.5 

jcrc 

39.3 

231.3 

1 

22.1 

174.4 

1 

j 

’’9*.  *U 

-  0.87 

100.0 

59.5 

795,5 

472,7 

29.7 

335.9 

22.4 

178.6 

0.4fl  1 3500 
0.4«T  I  2010 
C.609  [1700 
0.7C0  1 1000 


0.454  2500  113.0 

0.489  2060  99.6 

0.623  1700  87.9 

0.713  1600  83.8 


0.449  2500 

0.483  2060 

0.614  1700 

0.701  1600 


9.448  3509  1X3.0 
0.483  20S0  99.6 
0.614  1700  87.8 
9.701  1600  83«9 


2500 

2060 

1700 

1600 


TVIK  SPOOL 


12.24  Bo. 630 

9.47  1 0.889 
7.18  1 0.645 
6.40  1 0.830 


12.68  0.853  I  0. 
9.S8  0.884  I  C. 
7.10  0.861  I  0. 
6.41  0.850 


12.62  0.8S4 

9.56  0.884 

7.10  0.860 

6.41  0.849 


TWIX  SPOOL 


(O.VS)  inSlcl*.  .fflcLacy  <S.^«a.tlea  Os.  to  wlobl.  7«Mtry.  »<!>«.  0.9«5  -  tixt<S  9«aMUy 


The  surge  margins  are  equal  only  if 

(^\  J:m\ 

\  43/0. p.  \  *3/  s.c. 

For  the  model  used  to  extrapolate  for  axial  ccmspressor  per¬ 
formance  to  flow  less  than  axial  compressor  surge,  £3  is  a 

constant.  Therefore,  since  9,  ^  ?  SIL  <  SSL. 

•^SLc.  ^  " 

Configurations  1  through  6  report  the  results  for  the  vaurious 
matching  schemes  studied  for  a  single- spool  compressor.  Con¬ 
figuration  1  shows  the  trend  toward  higher  SFC*s  for  a  reduced 
TIT  with  fixed  gasifier  cooling.  No  compressor  matching 
advantage  ras  gained  or  lost  by  reduced  cycle  temperatures. 
Configurations  3,  4,  and  5  include  data  with  and  without  effi¬ 
ciency  degradation  for  compressor  con^nents  utilizing  vauri- 
able  geometry.  The  efficiency  degradation  assumed  for  these 

cases  was  ^j-j[able  geometry  ~  0»945  fixed  geometry. 
These  aure  considered  to  be  representative  efficiency  degrada¬ 
tions  and  are  based  on  test  data. 

Configuration  7  consists  of  fixed  compressor  geometry  with  a 
twin-spooled  compressor.  Of  the  four  examples  shown,  the 
first  is  considered  to  be  the  most  representative  estimate  auid 
includes  cycle  losses  for  9- percent  ccoling-ed.r  bypassing  both 
gasifier  turbine  stages,  amd  includes  a  4-percent  degradation 
of  the  gaisifier  second-stage  turbine  due  to  the  unfavorable 
work  split  forced  on  the  gasifier  turbine  section.  The  case 
of  no  efficiency  degradation  in  the  gasifier  turbine  and  the 
cases  of  9-percent  cooling  air  bypass  eiround  only  the  first 
gasifier  turbine  are  reported  to  show  sensitivity  to  these 
parameters . 

4 . 4  SELECTION  OF  OPTIMDM  CYCLE  PRSSSPRE  RATIO 

Engine  cycle  analyses  were  conducted  based  on  three  selected 
design-point  pressure  ratios  to  effect  selection  of  aui  optimum 
cycle  pressure  ratio.  The  design-point  pressure  ratios  were 
9.5:1,  10.5:1,  and  11.5:1  cis  selected  in  Task  lA  and  reported 
in  Section  2.0.  The  conpressor  performance  characteristics 
for  these  three  cases  included  no  efficiency  degradation  for 
variable  geometry  and  were  estimated  in  Task  IIA  as  reported 
in  Peuragraphs  3. 3. 2. 4  {9,5:1),  3.4  (10.5:1),  eind  3.5  (11.5:1), 
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Cycle  data  for  the  9.5:1  design-point  pressure-ratio  case 
were  reported  in  Paragraph  4.3,  Table  XV,  Configuration  4 
{AAVIGV  +  CFG) ,  and  are  repeated  in  Table  XVI  as  revised  by 
additional  iterative  calculations  to  display  the  data  more 
closely  to  the  100- ,  60- ,  30- ,  and  20- percent-power  points. 

Table  XVI  reports  the  calculated  cycle  data  for  the  final 
iterations  made.  The  results  show  design- point  SFC  values  of 
0.480  (9.5:1),  0.479  (10.5:1),  and  0.482  (11.5:1).  While 
these  SFC  levels  are  slightly  optimistic  because  no  efficiency 
degradation  was  included  for  variable  compressor  geometry,  the 
trends  are  considered  valid  for  selection  of  the  optimum 
design-point  pressure  ratio. 

To  facilitate  this  selection,  a  cross-plot  was  made  and  is 
reported  in  Figure  31.  Cie  results  are  plotted  with  solid 
symbols  and  axe  displayed,  along  with  the  cycle  results  of 
Task  lA,  for  comparative  purposes.  Based  on  the  data  from 
this  task,  a  selection  was  made  for  a  design-point  pressure 
ratio  of  10.5:1,  which  is  in  agreement  with  the  tentative 
selection  made  in  Task  lA  and  reported  in  Paragraph  2.4. 

4.5  ESTIMATED  ENGINE  OPBHATING  LINE 

Based  on  the  selection  of  the  10.5:1  design-point  pressure 
ratio  and  on  the  selected  compressor  matching  scheme  (AAVIGV 
4  CFG) ,  an  engine  operating  line  was  estimated.  The  engine 
operating  line  consists  of  a  plot  of  cycle  pressure  ratio 
versus  engine  airflow  and  is  based  on  the  data  reported  in 
Paragraph  4.4,  Table  XVI,  10.5:1  design-point  pr-^ssure  ratio. 

The  engine  operating  line  is  shown  in  Figure  32  (solid 
symbols),  along  with  the  tentative  10.5:1  operating  line 
estimated  on  Task  lA,  P«u:agraph  2.5.  The  Task  lA  data  were 
based  on  the  idealized  compressor  map  assumed  for  that  task. 
Compaurison  of  these  reults  showed  that  the  achieved  compres¬ 
sor  match  dErom  Task  IIA  comp-res  very  f  ivorably  with  the 
potential  performance  levels  estiiaated  in  Task  lA. 

The  engine  operating  line  estad^lished  in  this  task  represents 
the  compressor  design  requirenents  for  the  final  compressor 
design  as  conducted  in  Task  IIB,  Section  5.0. 
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TABLE  XVI-  ESGIiffi  CYCLE  DATA  (a 
CYCLE  PRESSURE-RATIO 


SPECIAL 

CO.'IFIGURATION* 

REMARKS 

Single-Spool 

Coa5>ressor 

Design 

Point 

P4/P1 

9.5:1 

AAVIGV 

Design 

Point 

CFG 

P*/Pi 

10.5:1 

Design 

Point 

P*/Pi 

11-5:1 

POWER 


(%)  (HP) 


797.4 
479.7 
239.2 

159.5 


777.5 
466.0 
233,0 

155.5 


752-6 

451.0 

226.0 

150.5 


60.0 

30.0 

20.0 


0,443 

0.479 

0.612 

0.747 


0.446 

0-482 

0.610 

0-756 


COMPRESSOR 

SPEED 

(%  DESIGN) 

AXIAL/ 

CFNTRIF- 

OVERALL 

UGAL 

(%) 

{%) 

108.0 

105.8 

iOO.O 

99.6 

91.1 

91.9 

96.8 

87.5 

108.3 

105.8 

99.9 

100.0 

91.3 

92.1 

87.0 

88.1 

108.2 

106.1 

99.8 

99.6 

91.6 

92.2 

87.8 

88.9 

COMPRESSOR 

FLOW 

(CORRECTED) 


AXIAL/ 

OVERALL 

(LB/SEC) 


3.640 

2.994 

2.378 

2.111 


3.635 

2.994 

2.380 

2.119 


3.626 

2.984 

2.364 

2.108 


1.820 

1-660 

1.442 


1.795 

1.642 

1-440 

1.332 


1.747 

1-610 

1-400 

1.320 


♦So  efficiency  degradation  assuiaed  due  to  variable  inlet  guide  vanes 
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TABLE  XVI.  ENGINE  CYCLE  DATA  (CALCULATED) 
CYCLE  PRESSURE-RATIO  STUDY 


COMPRESSOR 
SPEED 
(%  DESIGN) 

COMPRESSOR  1 

FLOW 

(CORRECTED) 

COMPRESSOR 

PRESSURE 

RATIO 

COMPRESSOR 

EFFICIENCY 

CWlPi 
SURGE 
(AW  FOR  N/v 

AXIAL/ 

OVERALL 

CENTRIF¬ 

UGAL 

AXIAL/ 

OVERALL 

AXIAL 

Pa/Pi 

CENTRIF¬ 

UGAL 

OVERALL 

AXIAL 

CENTRIF¬ 

UGAL 

OVERALL 

AXIAL 

CENTF 

UGA 

{%) 

(?6) 

(LB/SEC) 

(LB/SEC) 

P*/Pa 

P4/P1 

(%) 

_ 

‘  108.0 

105.8 

3.640 

1.820 

2.28 

5.50 

12.53 

Q.881 

0.820 

0.812 

17.6 

iOO.O 

99.6 

2.994 

1.660 

2.02 

4.70 

9.53 

0.878 

0.826 

9.819 

15.4 

91.1 

91.9 

2-378 

1.442 

1.83 

3.84 

7.02 

c.eio 

0.830 

0.809 

7.5 

■si 

86.8 

87.5 

2.111 

1.335 

1.75 

3.46 

6.05 

0.770 

0.830 

0.796 

5.3 

17. 

108.3 

105.8 

3.635 

1.795 

5.96 

13.81 

0.882 

0.794 

0.795 

17.5 

5, 

99.9 

100.0 

2.994 

1-642 

5.12 

10.50 

0.870 

0.810 

0.807 

14.1 

8. 

91.3 

92.1 

2.380 

1.440 

4.21 

7.76 

0.810 

0.822 

0.800 

mam 

15. 

87.0 

88.1 

2.119 

1.332 

1.76 

3.80 

6.70 

0.780 

0.830 

0.791 

16. 

108.2 

106.1 

3.626 

1.747 

2.38 

6.34 

15.08 

0.878 

0,780 

0.782 

15.6 

99.8 

99.6 

2-984 

1.610 

2.09 

5.49 

11.47 

0.860 

0.805 

0.797 

11-5 

91.6 

92.2 

2.364 

1.400 

1-89 

4.49 

8.47 

0.790 

0.820 

0.787 

4.9 

87.8 

88.9 

2  103 

1.320 

1*78 

_ 1 

4.11 

7.32 

0.760 

0.820 

0.782 

3.5 

■s 

I 


vanes 


1C0%  LOAD 


60% 

LOAD 


30% 

LOAD 


■  Task  lA  Data  Based  on  Idealized  Map 

I^^ta  Based  on  Tentative  Conroressor 
Maps(AAVIGV  +  CFG),  Task  IIA 


0.65 


0.60 


30% 

LOAD 


■BB8Ba 


0.40, 


-60%. 

LOAD 


100%. 

LOAD 


DESIGN  POINT  PRESSURE  RATIO 

Figure  31.  Engine  Off-Design  Performance: 

Specific  Fuel  Consumption  and 
Turbine  Inlet  Temperature  Versus 
Design  Pressure  Ratio. 
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Figure  32.  Engine  Operating  Line 

(Tentative  Compressor  Requirements) • 
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5 .  TASK  I IB.  COMPRESSOR  DESIGN  AND  MATCHING 


5.1  GENERAL 

Preliminary  designs  were  performed  for  two  compressor  con¬ 
figurations.  First,  the  design  of  a  compressor  with  two 
axial  stages  and  one  centrifugal  stage  was  started  in  ac¬ 
cordance  with  the  results  of  TASK  IIA.  Results  were  sub¬ 
mitted  to  engine  conceptual  design  studies  before  the  aero¬ 
dynamic  calculations  were  completed.  Preliminary  analysis 
revealed  that  a  low  critical  speed  for  the  power  turbine 
shaft  could  be  expected  because  of  a  long  unsupported-shaft- 
length/shaft-diameter  ratio.  From  five  possible  alternative 
design  approaches,  the  decision  was  made  to  shorten  the 
compressor  length  by  reconfiguring  for  AVI6V  +  CFG.  This 
task  was  consequently  concluded  with  the  design  of  a  one- 
axial-stage  and  one-centrifugal-stage  compressor  configura¬ 
tion.  The  aerodynamic  and  mechanical  design  procedures  and 
results  are  discussed  below  for  these  compressor  design 
activities. 

5.2  AERODYNAMIC  DESIGN  AND  MATCHING.  AAVIGV  +  CFG  (P-t/Pi  = 
10.5:1) 


The  aerodynamic  design  of  the  axial  compressor  was  preceded 
by  a  study  to  verify  that  a  15°  change  of  preswirl  angle 
could,  in  fact,  accomplish  the  changes  in  the  compressor 
pressure  ratio  characteristic  at  100-percent  power  that  were 
estimated  for  the  vari able -geometry  study  of  Task  IIA.  This 
effort  was  necessary  since  the  aerodynamic  design  of  the  axial 
compressor  depends  on  the  magnitude  of  the  preswirl  angle 
chemge  induced  onto  the  first-stage  rotor  between  the  60-  and 
100-percent-power  points.  Furthermore,  it  was  observed  at 
the  conclusion  of  Task  IIA  that  more  IGV  actuation  might 
enable  the  60-  and  100-percent-powsr  match  points  to  be 
located  more  closely  to  the  meiximum  achievable  axial  com¬ 
pressor  efficiencies  at  their  respective  speeds. 

Following  the  matching  study,  the  aerodynamic  design  of  the 
flow  path  and  blading  for  the  axial  compressor  was  conducted. 
Fluid  mechanic  information  is  computed  from  a  radial- 
equilibrium  type  of  calculation  between  blade  rows .  The 
equation  of  motion  includes  the  effects  of  curvature  cind 
entropy  gradient.  The  loss  variation  at  all  blade  row  exits, 
except  for  the  IGV,  is  computed  from  a  loss  model  suggested 
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by  Lieblein,  Reference  3,  and  empirically  extended  by  Swan, 
R3fert — :e  4,  The  blade  camber  selection  and  off-design  turn¬ 
ing  angle  characteristics  are  determined  from  NACA  low-speed 
cascade  data. 

The  centrifugal  compressor  design  and  performance  were  com¬ 
puted  from  the  same  analytical  techniques  that  were  described 
in  Section  2.  The  empirical  correla'*-ions  that  were  used  to 
design  the  compressor  were  applied  to  the  compressor  geometry 
to  obtain  the  performance  at  off-design  conditions.  The 
empiricism  contains  correlations  used  to  estimate  rotor  surge, 
choke,  slip  factor  and  efficiency,  the  friction  coefficient 
for  the  vaneless  diffuser,  and  the  cascade  data  for  the  vaned 
diffuser. 

5.2,1  T%i?o-Stage  Axial  Compressor  Matching 

The  performance  characteristics  of  two  AiResearch  axial  com¬ 
pressors  were  used  to  represent  the  estimated  performance 
for  the  individual  stages  of  the  two-stage  axial  compressor. 
The  characteristics  of  the  individual  stages  were  matched  to 
each  other  with  several  shifts  of  the  pressure-ratio  charac¬ 
teristics  of  the  first  stage  in  the  vicinity  of  the  100- 
percent-power  match  point.  A  number  of  combinations  of  these 
shifts  on  the  first-stage  were  examined  to  arrive  at  a  match 
of  the  two-stage  compressor  which  would  yield  maximum  two- 
stage  efficiency  at  60-percent  power.  In  this  matching 
procedure  it  was  also  necessary  to  make  size  changes  on  the 
second  stage  to  arrive  at  the  best  possible  two-stage  match¬ 
ing. 


The  optimum  result  would,  of  course,  be  to  match  the  highest 
attainable  efficiencies  of  both  stages  simultaneously  at  the 
60-  and  100 -percent- power  points.  However,  to  accomplish 
this  requires  a  change  of  pressure-ratio  characteristic  in¬ 
consistent  with  the  first-stage  rotor  pitch-line  parameters 
which  determine  the  flow  and  pressure  ratio  changes  as  a 
function  of  preswirl  angle.  These  parameters  are:  the  tan¬ 
gential  rotor  speed,  inlet  air  angle,  and  air  turning  angle. 
Consequently,  the  matching  study  was  terminated  when  it 
appeaz’ed  that  little  or  no  overall  two-stage  efficiency  could 
be  gained  with  further  preswirl  angle  change. 

A  point  was  reached  at  which  the  maximum  attainable  effi¬ 
ciencies  of  both  stages  were  matched  at  the  100-percent- 
power  point  and  nearly  so  at  60-percent  power.  The  results 
are  displayed  in  Table  XVII. 


TABLE  XVII.  SUMMARY  OF  DESIGN  MATCHING 
RESULTS  (AAVIGV) 


60 -Percent  Power 

100 -Percent  Power 

Final 

Match 

Results 

Maximum 

Attainable 

Efficiency 

Final 

Match 

Results 

Maximum 

Attainable 

Efficiency 

First-stage 

efficiency 

0.S93 

•J.896 

0.881 

0.882 

Second-stage 

efficiency 

0.906 

0.921 

0.908 

0.911 

Overall 

efficiency 

0.896 

0.907 

0.891 

0.892 

The  match-point  efficiency  of  the  second  stage  is  1.5  points 
below  the  maximum  that  could  be  attained  at  the  match-point 
pressure  ratio.  Pxirther  efforts  to  arrive  at  a  better  over¬ 
all  match  did  not  seem  to  be  rewarding.  The  study  was  con¬ 
cluded  at  th  3  point. 

5.2.2  Freswirl  Angle  Estimation 

An  analytical  method  was  developed  to  compute  the  preswirl 
angle  associated  with  the  shift  of  the  pressure-ratio  charac¬ 
teristic  that  achieves  the  matching  results  discussed  above. 
Reference  5  contains  published  test  data  of  the  effect 
of  preswirl  angle  on  the  performance  characteristics  of  a 
single-stage  axial  compressor-  No  other  published  reference 
contained  as  much  or  as  systematic  a  set  of  information  that 
could  be  used  to  estimate  the  change  in  performance  charac¬ 
teristics  with  change  in  preswirl.  Even  so,  there  was  doxjbt 
whether  this  information  could  be  directly  applied  if 
the  aerodynamic  parameters  such  as  rotor  blade  speed  euid 
rotor  relative  inlet  air  angle  were  different  from  those  of 
Reference  5.  Consequently,  a  theoretical  approach 
was  taxen  to  find  cut  the  controlling  parameters  and  to  esti¬ 
mate  performance  characteristic  changes  with  preswirl  angle 
changes . 
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The  problem  consists  of  computing  the  cheinge  in  stage  pres¬ 
sure  ratio  and  flow  rate  with  a  change  of  inlet  preswirl 
angle.  This  is  done  by  confuting  the  meridional  velocity 
change  at  a  given  rotor  pitch-line  speed,  in  order  to  obtain 
performance  changes  that  come  about  purely  as  a  result  of  the 
preswirl  angle  change,  the  relative  inlet  air  angle  is  held 
constant.  In  an  actual  compressor,  it  is  very  common  to  have 
a  radial  shift  of  the  streamlines  from  inlet  to  outlet  of 
stage.  To  simplify  the  analysis,  a  constant  streamline 
radial  position  is  assumed.  Meridional  velocity  changes 
also  take  place  across  an  actual  rotor,  but  the  meridional 
velocity  is  assumed  here  to  be  invariant  across  the  rotor. 


The  derivation  of  the  equations  is  iisplayed  in  Appendix  IV. 
In  the  appendix,  it  is  shown  that  the  stage  pressure  ratio 
can  be  written  as  „a  y 

v-1 


P, 

p. 


1 


TNSji-TNg 


(TN3i-TN3£) 


gJCpT, 
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The  pressure-ratio  change  from  a  condition  of  zero  preswirl 
is  obtained  from 


^2/^1  IGV  ^  0 

^2^^!  jicv  1=  0 


From  the  continuity  equation,  flow  is  con^juted  from 


W  =  1  -  U^SEC^gg 

^  (TNei+TNgg}*  2gJCpTi 

The  flow-rate  change  from  a  condition  of  zero  preswirl  is 
obtained  from 
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A  plot  of  the  pressure-ratio  parameter  against  the  flow-iatio 
parameter  is  displayed  in  Figure  33  for  6i  =  60°,  U  =  1000 
fps,  and  3i  -  Sa  =  10°/  20°,  and  30°.  Note  that  maximum  flow 
change  occurs  at  a  certain  value  of  negative  preswirl  angle. 

These  equations  were  used  to  compute  the  pressure-ratio  and 
flow-ratio  parameters  for  the  pitch-line  conditions  of  the 
first-stage  rotor. 

In  the  variable-geometry  study  of  Task  IIA,  the  axial  com¬ 
pressor  was  considered  to  have  zero  swirl  at  the  20—,  30- , 
and  60-percent-power  match  points  and  a  value  of  -15°  preswirl 
at  100-percent  power.  Actuating  the  guide  vanes  opposite 
rotation  at  full  power  gives  a  significant  increase  in  the 
first  rotor  tip  relative  inlet  Mach  number.  If  the  compressor 
is  designed  for  15°  preswirl  at  the  three  lower  power 
points  and  zero  preswirl  at  full  power,  the  tip  relative  Mach 
number  can  be  minimized  at  fall  power  and  lowered  at  the 
other  power  points.  This  increases  the  stator  hub  inlet  Mach 
number,  but  it  can  be  accepted  as  long  as  it  is  below  the 
blade  section  drag-rise  Mach  number.  It  was  therefore  decided 
to  design  the  compressor  with  15°  preswirl  at  60-percent  power 
and  zero  preswirl  at  100-percent  power. 

5.2.3  Two-Stage  Axial  Compressor  Design  (Pj/Pi**  2.05:1) 

To  minimize  the  flow-path  distortion  of  the  transition  section 
between  the  axial  and  the  centrifugal  stage,  the  axial  com¬ 
pressor  design  was  chciracterized  by  a  specification  of  zero 
rotor  hxjb  exit  relative  swirl.  This  results  in  a  minimum 
hvib  diameter  for  the  axial  con5>resscr.  The  rotor  tip  speed 
was  selected  to  be  1200  fps  at  design  point.  At  the  rotor  tip 
speed  for  20-percent  power  (U  »  1045  fps) ,  the  match-point 
flow  is  23-percent  lower  than  the  flow  at  maximum  attainable 
efficiency  for  this  speed.  The  data  band  of  Figure  3  shows 
that  at  this  rotor  i.peed,  the  largest  surge-free  range  from 
maximum  efficiency  obtained  from  test  is  26.5  percent.  As 
pointed  out  in  Task  lA,  the  state-of-the-art  advancement 
is  expected  to  come  from  means  that  achieve,  through  design 
intent,  the  surge-free  range  required  of  the  axial  con5>ressor. 
This  is  expected  ais  long  as  the  design  does  not  exceed  the 
data  band  of  Figure  3. 

Each  stage  was  designed  for  a  pressure  ratio  of  1.432  (./2 . 05 )  . 
A  work  split  study  was  not  performed  for  the  two-stage  axial 
compressor.  It  was  assumed  that  the  work  split  would  probably 
be  nearly  equal.  Identical  pressure  ratios  in  each  stage  do 
not  give  equal  work,  but  it  was  assumed  to  be  a  close  approxi¬ 
mation.  Rotor  and  stage  efficiencies  were  assumed  to  compute 
the  rotor  pressure  ratio,  which  was  specified  at  each  of  the 
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rotor  exit  stations.  If  the  required  overall  stage  pressure 
ratio  were  not  obtained,  these  input  rotor  pressure  ratios 
were  iteratively  adjusted.  Exit  air  angle  was  specified  at 
each  of  the  stator  exit  stations.  With  these  specifications, 
the  computer  program  selected  the  blade  sections  needed  to 
accomplish  the  design.  These  sections  were  selected  from 
empirical  correlations  of  the  NACA  low-speed  cascade  data. 

After  completion  of  the  design  calculations,  the  compressor 
geometry  was  resvibmitted  to  the  computer  program  to  obtain 
the  vector  diagram  data  under  the  flow,  speed,  and  preswirl 
conditions  of  the  30-  and  100-percent-power  match  points. 

Meiny  flow-path  configurations  were  examined  in  an  effort  to 
arrive  at  a  design  that  would  accommodate  the  30-percent- 
power  conditions  without  stalling  one  of  the  blade  rows.  The 
most  significant  contribution  to  this  end  came  from  using 
teuidem  blade  rows  in  the  stators  and  from  accelerating  the 
design  meridional  velocity  as  much  as  possible  and  still 
accommodating  the  flow  at  100-percent  power.  The  reason 
that  a  satisfactory  design  is  difficult  to  achieve  is  the 
high  hub  loss.  This  stems  from  the  fact  that  the  off-design 
conditions  at  30-percent  power  affect  the  hub  more  than  the 
rest  of  the  blade  span. 

The  off-design  problem  at  30-percent  power  can  be  explained 
as  follows.  The  rotor  has  its  highest  inlet  Mach  number 
where  the  eiir  turning  is  lowest — at  the  tip.  The  stator  has 
its  highest  inlet  Mach  number  where  the  etir  turning  is 
highest — at  the  hub.  The  rotor  hub  has  generally  a  higher 
value  of  diffusion  factor  than  the  rotor  tip  but  a  lower 
inlet  velocity  head.  The  stator  hub  has  generally  a  higher 
value  of  diffusion  factor  than  the  .ip  and  a  higher  inlet 
velocity  head.  Furthermore,  the  hvib  solidity  is  generally 
about  twice  the  value  at  the  stator  tip.  These  factors 
dovsble  the  hub  loss  coefficient  con5>ared  to  the  tip.  At 
30-percent-power  off-design,  the  change  in  inlet  eiir  euigle 
contributes  a  proportionately  higher  loss  to  the  stator  hub 
than  the  stator  tip  becavise  of  the  basically  larger  value 
of  design  D-factor.  With  a  higher  loss  at  off-design  at  the 
hub  than  at  the  tip,  the  entropy  gradient  term  in  the  equation 
of  motion  reduces  the  hub  meridional  velocity,  which  further 
contributes  to  increasing  the  diffusion  factor. 

The  flow  cind  speed  conditions  at  30-percent  power  are  respon¬ 
sible  for  the  adr-angle  change  from  60-percent-power  design 
conditions.  A  stator  hub  inlet  vector  diagram  coii5>eu:ison  is 
shown  in  Figure  34  for  the  30-  and  60 -percent-power-point 
conditions.  The  meridional  velocity  is  6  percent  below  a 
value  proportional  to  the  ratio  of  the  flows  of  the  two  power 


60 -PERCENT  POWER 
30-PERCENT  POWER 


First -Stage  Stator  Hub  Inlet 
Vector  Diagram  Comparison. 
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I  points.  The  inlet-air-angle  difference  from  the  design  value 

is  therefore  a  consequence  of  the  flow  and  speed  values  at 
30-percent  power.  The  difficulty  in  arriving  at  a  convergent 
calculation  is  a  result  of  the  off-design  power  selected. 

This  is  an  aerodynaiaic  feature  worthy  of  consideration  when 
part-power  percentage  is  specified. 

Several  approaches  can  be  taken  to  alleviate  the  strength 
of  the  less.  Loss  contributions  from  large  angle-of-attack 
chcuiges  from  design  values  can  be  diminished  with  a  variable 
first-stage  stator.  Another  means  would  be  to  retwist  the 
blade  rows  such  that  the  hub  sections  are  biased  away  from 
the  minimum  loss  angle  of  attack  in  order  to  accommodate  the 
30-percent-power  conditions.  Still  another  means  would  be  to 
relax  the  specification  of  zero  rotor  hub  exit  relative  swirl 
to  reduce  the  stator  hub  inlet  Mach  number.  Finally,  changes 
could  be  made  in  hub  solidity  to  reduce  the  loss  coefficient. 

To  investigate  all  these  possibilities  would  have  taken  much 
longer  than  estimated  for  the  contract  schedule.  Furthermore, 
at  this  point  in  the  aerodynamic  design,  mechanical  design 
calculations  revealed  that  the  natural  frequency  of  the  engine 
shaft  would  be  too  close  to  the  power  turbine  operating  speed. 
In  view  of  these  considerations,  a  single-stage  axial  com¬ 
pressor  configuration  was  designed. 

Table  XVIll  shows  a  summary  of  the  design  results  for  the  last 
iterations  conducted  for  the  two-stage  axial  compressor.  The 
design  is  shown  in  the  multistage  coiroressor  flow  path  pre¬ 
sented  in  Figure  35. 

5.2.4  Centrifugal  Compressor  Design  {P4/P3  =  5.1;1) 

The  design  parameter  study  carried  out  in  Task  IIA  was  con¬ 
sidered  to  be  applicable  for  the  design  of  the  centrifugal 
compressor.  A  rotor  blade  exit  angle  of  50“  and  an  absolute 
air  angle  (relative  to  the  radial  direction)  of  69“  were 
specified.  The  compressor  configuration  is  shov/n  in  Figure 
35.  The  vaned  diffuser  has  a  tandem  blade  row.  it  is  fol¬ 
lowed  by  a  vaneless  bend  and  an  annular  flare  diffuser.  Final 
<2iffusion  to  compressor  exit  conditions  occ»ars  at  the  exit  of 
the  fleure. 

The  racial  extent  of  the  vaneless  diffuser  for  this  compressor 
is  larger  than  that  designed  for  Task  IIA.  A  higher  stage 
®fficiency  (of  0,5  point)  could  have  been  obtained  at  design 
point  with  a  smaller  vaneless  diffuser.  With  a  larger  one^ 
the  inlet  Mach  number  to  the  vaned  diffuser  at  100— percent 
power  is  below  the  drag— rise  Mach  nuniber  of  the  first  row  of 
vanes.  Consequently,  the  stage  efficiency  is  two  points 
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higher  than  v>hen  no  trade-off  is  taken  at  design  point.  This 
gives  a  lower  SFC  at  60-percent  power  because  the  efficiencies 
at  these  two  powers  are  closer  to  each  other. 

A  summary  of  the  design  results  is  displayed  in  Table  XIX. 


TABLE  XIX.  AERODYNAMIC  DATA  SUMMARY  FOR  A  CENTRIFUGAL 
COMPRESSOR  DESIGNED  TO  MATCH  WITH  A  TWO- 
STAGE  AXIAL  COMPRESSOR 


30% 

Power 

60% 

Power 

100% 

Power 

Inducer  tip  rel.  Mach  No. 

0.965 

1.028 

1.109 

Impeller  tip  speed 

1630.0 

1770.0 

1872.0 

Impeller  exit  abs.  Mach  No. 

0.988 

1.029 

1.076 

Vaned  diffuser  inlet 

Mach  No. 

0.865 

0.901 

0.937 

Vaned  diffuser  exit 

Mach  No. 

0.215 

0.212 

0,206 

Compressor  exit  Mach  No. 

0.153 

0.150 

0.146 

5.2.5  Compressor  Matching 

No  axial-centrifugal  compressor  matching  runs  were  made  for 
the  AAVIGV  +  CFG  compressor  since  the  aerodynamic  design  fOr 
the  two-stage  axial  compressor  was  not  completed.  Successful 
conclusion  of  the  aerodynamic  design  for  the  two-stage  axial 
compressor  could  be  expected  to  lead  to  axial,  centrifugal, 
and  overall  compressor  performance  comparable  to  that 
predicted  in  Task  IIA,  displayed  in  Figure  29,  and  reported 
in  Table  XVI  for  the  case  of  P4/P1  =  10.5:1.  Some  differences 
in  characteristics  might  be  expected  if  a  variable  first-stage 
stator  row  were  required.  However,  the  design-point  effi¬ 
ciency  level  and  SFC  values  would  be  essentially  the  same. 
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5.2,6  Engine  Conceptual  Design  Considerations 

The  iterative  design  and  matching  computations  for  the  AAVIGV 
+  CFG  compressor  were  based  on  tentatively  chosen  compressor 
flow-patn  configurations.  The  configuration  for  the  last 
design  calculations  made  for  the  AAVIGV  4  CFG  compressor  is 
shown  in  Figure  35. 

This  configuration  was  submitted  to  engine  conceptual  design 
studies,  which  included  a  preliminary  critical-speed  analysis 
for  the  engine  shafting.  This  preliminary  analysis  showed 
that  a  low  critical  speed  for  the  power  turbine  could  be  ex¬ 
pected  because  of  the  long-unsupported-shaft-length/ shaft- 
dieimeter  ratio.  Calculation  for  a  simply  supported  power 
turbine  quill-shaft  (17,5  inches  long)  resulted  in  a  power 
turbine  shaft  critical  speed  of  approximately  35,000  rpm. 

Based  on  this,  several  design  alternatives  were  apparent,  in¬ 
cluding  the  following: 

(1)  Size  the  power  turbine  for  25,000  to  30,000  rpm 
and  accept  a  significant  weight  and  size  penalty. 

(2)  Reconfigure  the  compressor  for  larger  hub  radii 
to  accommodate  larger  diameter  shafting. 

(3)  Shorten  the  unsupported  length  of  the  power 
turbine  shaft  by  employing  an  intershaft  bearing. 

(4)  Shorten  the  compressor  and,  hence,  the  unsupported 
length  of  the  power  turbine  shaft. 

(5)  Reconfigure  the  shafting  arrangement  for  end- 
moment  constraint. 

It  was  beyond  the  scope  of  this  program  to  explore  the  merits 
of  these  approaches  or  combinations  of  these  approaches. 

V?hile  the  comparison  based  on  performance  considerations  as 
reported  in  Paragraph  2.2.2  ^ows  cn  advantage  for  the  AA+C 
combination  over  the  A4<!  combination,  this  advantage  is  con¬ 
tingent  on  two  basic  assumptions: 

(1)  The  aerodynamic  design  of  the  two-stage  etxial  ccti- 

pressor  can  be  completed  to  achieve  stall-free  opera¬ 
tion  near  the  potential  performance  levels.  The 
potential  performance  levels  are  estimated  to  be  the 
same  as  those  predicted  by  the  preliminary  design  and 
matching  studies  of  Task  IIA  and  displayed  in  Figure 
29.  Engine  cycle  data  for  this  case  is  reported  in 
Table  XVI  for  P^/Pi  =  10.5 :i. 
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(2)  The  front  drive  shafting  can  be  designed  to  achieve 
a  mechanically  feasible  arrangement  with  acceptable 
revisions  to  the  two-stage  axial  compressor. 

Since  neither  of  these  assumptions  could  be  made  with  confi¬ 
dence,  a  choice  was  made  to  complete  the  design  and  matching 
of  an  A+C  compressor  reconfigured  for  a  shafting  arrangem*.  nt 
incorporating  end-moment  constraint. 

5.3  Cycle  Considerations  for  A  t  C  Compressor 

Based  on  the  choice  of  an  A  -r  C  compressor,  a  review  was  con¬ 
ducted  to  establish  cycle  requirements  for  this  ccxnpressor. 

5.3.1  Aerodynamic  Design  Requirements,  A  -f  C  Compressor 

A  choice  was  made  to  design  the  A+C  compressor  for  an  over¬ 
all  pressure  ratio  of  10.5:1  at  60-perccnt  power.  The  tenta¬ 
tive  compressor  design  requirements  were  assumed  to  be  the 
same  as  those  determined  in  Task  IIA  for  an  AA  +  C  compressor, 
as  displayed  in  Figure  32.  This  choice  was  made  to  expedite 
the  design  of  the  A+C  compressor  and  to  allow  direct  com¬ 
parison  with  the  potential  performance  es'-imated  for  a"  AA  + 

C  compressor  as  determined  in  Tasks  IIA  and  IB  and  displayed 
in  Figure  29  and  Table  XVI. 


This  choice  of  design  requirements  for  the  A  +  c  compressor 
was  considered  to  be  a  close  approximation  to  optimum  values 
for  A+C  compressors  based  on  observations  made  for  the  AA  + 
C  compressor.  The  design-point  pressure  ratio  for  the  AA  +  C 
compressor  was  selected  to  be  10.5:1  in  Task  IB,  Section  4, 
based  on  cycle  analyses  for  an  AAVIGV  +  CFG  compressor.  This 
selection  was  in  agreement  with  the  tentative  selection  made 
in  Task  lA  and  reported  in  Paragraph  2.5,  based  on  cycle  anal¬ 
yses  utilizing  an  AA  +  C  idealized  compressor  map  (Figure  53) 
and  the  AA  +  C  compressor  efficiency  estimates  displayed  in 
Figure  7  (Curve  B) .  Since  the  nondimensionalized  efficiency 
characteristics  of  an  A  +  C  ccrcpressor  can  be  expected  to  be 
similar  to  those  estimated  for  an  AA  +  C  compressor  (Figure 
53)  the  major  effect  to  be  noted  is  the  comparison  of  the 
efficiency  versus  design-point  pressure  ratios  for  an  A  +  C 
(Figure  6)  and  an  AA  +  C  compressor  (Figure  7).  Examination 
of  the  B  portion  of  these  curves  shows  that  the  slopes  for  the 
respective  speed  lines  are  only  slightly  different.  Since  the 
efficiency  for  an  A  +  C  r  ompressor  decreases  (with  increasing 
P-t/-i)  s  slightly  greater  rate,  it  can  be  expected  that  the 
optimum  design-point  pressure  ratio  for  an  A  +  c  compressor  is 
slightly  lower  than  that  selected  for  am  AA  +  C  compressor 
(10.5:1)  . 


It  was  decided  to  parallel  the  design  and  matching  of  the 
selected  A  +  C  compressor  with  engine  cycle  analyses  to  deter¬ 
mine  the  validity  of  the  selection  for  the  10.5:1  design-point 
pressure  ratio.  The  results  of  these  analyses  are  reoortsd  in 
Paragraph  5. 3. 1.1. 

5.3. 1.1  Validation  Analysis  for  A  +  C  Compressor.  P./P.= 
10.5:1  ^ ^ 

Engine  cycle  analyses  were  conducted  for  design- point 
pressure  ratios  of  9:1,  10:1,  11:1,  12:1,  13:1,  and  14:1. 
Cycle  assvimptions  were  identical  with  those  reported  for 
Task  lA  in  Paragraph  2.4  {reference  Appendix  II)  with 
the  following  exceptions: 

(1)  A  +  C  compressor  design  point  efficiencies  were 

assumed  to  be  as  displayed  in  the  B  portion  of  Fig¬ 
ure  6,  =  60,000  rpm. 

(2)  A  +  C  compressor  characteristics  were  assumed  to 
be  as  displayed  in  the  idealized  compressor  map  of 
Figure  36. 

The  results  of  these  analyses  are  plotted  in  Figure  37 
and  are  compared  to  the  results  previously  shown  in 
Figure  14.  The  results  of  this  study  show  that  for  the 
case  of  an  A  +  C  compressor,  the  optimum  design-point 
pressure  ratio  for  minimum  SFC  at  60-percent  power  is 
10.0:1,  While  this  is  slightly  less  than  the  10.5:1 
ratio  selected  for  the  design  of  an  A  +  C  compressor, 
the  SFC  characteristic  is  relatively  flat  in  this  range. 
Therefore,  the  engine  performance  levels  for  the  AVIGV 
+  CFG  compressor  represent  a  satisfactory  evaluation  of 
the  potential  for  this  compressor  arrangement. 

5.3.2  Matching  Scheme,  A  C  Ccxnpressor 

A  selection  was  made  of  the  best  matching  scheme  for  an  A  +  C 
compressor  based  on  the  matching  studies  of  Task  IIA.  The 
scheme  selected  was  the  Scirce  as  that  selected  for  the  AA  -r  C 
compressor  and  consists  of  variable  inlet  guide  vanes  ahead  of 
the  axial  con^jressor  and  fixed  geonetry  for  the  centrifugal 
compressor  (AVIGV  CFG)  . 

This  selection  is  considered  to  be  a  valid  extension  of  the 
results  reported  in  Section  3  for  the  study  of  an  AA  +  C  com¬ 
pressor.  The  reason  for  this  is  that  the  speed-flow/pressure- 
ratio  relationships  as  a  function  of  power  output  do  not 
change  for  the  aixial  compressor  ccsaponent  when  a  single-stage 
rather  than  a  two- stage  compressor  is  enployed  as  the  axial"' 
component.  In  either  case,  the  use  of  variable  inlet  guide 
vanes  provides  the  best  solisticn  to  the  matching  problem. 
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PRESSURE  RISE/DESIGN  PRESSURE  RISE,  EFFICIENCY/DESIGN  EFFICIENCY 

(P4/P1-I)/ (P^/Pi-Dnp  -  PERCENT  'Hc/'nc/DP  “  PERCENT 


This  is  true  notwithstanding  the  fact  that  for  the  AAVIGV  + 
CFG  compressor,  a  variable  stator  vane  row  may  be  required  in 
order  to  achieve  the  required  surge-to-choke  range  for  the 
second  axial  stage. 

5.4  AERODYNAMIC  DESIGN  AND  MATCHING. AVIGV  -f  CFG  (Pa/Pi  = 

10.5 ;1> 


The  aerodynamic  design  and  matching  of  this  AVIGV  +  CFG  coro- 
presscr  were  con.^— eted  based  on  the  design  requirements  as 
discussed  in  Peiragraph  5.3.  The  aerodynamic  design  proce¬ 
dures  used  here  were  described  in  Paragraph  5.2. 

The  results  of  Task  lA  show  that  the  optimum  work  split  for 
this  A  +  C  compressor,  by  reference  to  the  E  portion  of  Fig¬ 
ure  6  (N/yiT  =  60,000  rpHn) ,  is  for  design  values  of  P3/P.  = 
1,48:1;  therefore,  P4/P3  =  7.1:1. 

5.4.1  Preswirl  Angle  Estimation 

The  inlet-guide-vane  analysis  derived  for  this  program  and 
reported  in  Appendix  IV  was  used  to  compute  the  preswirl 
angle  associated  with  the  shift  of  the  pressure-ratio  chaurac- 
teristics  required  for  a  good  compressor  match.  The  per¬ 
formance  characteristics  of  an  axial  compressor  with  advanced 
efficiency  levels  for  this  pressure  ratio  were  used  to  repre¬ 
sent  the  estimated  performance  for  this  compressor.  With 
this  compressor  map,  computations  showed  that  a  preswirl 
angle  change  of  15  degrees  would  place  the  60-  and  100- 
percent-power  points  on  the  maximum  efficiencies  for  their 
respective  speeds.  This  is  in  agreement  with  the  preswirl 
angle  estimation  made  for  the  AAVIGV  +  CFG  compressor. 

Eased  on  these  results,  it  was  decided  to  design  the  compres¬ 
sor  with  positive  15*  preswirl  at  power  levels  up  to  60  per¬ 
cent  and  with  zero  preswirl  at  100-percent  power.  Note  that 
positive  preswirl  is  in  the  direction  of  rotation  and  there¬ 
fore  reduces  airflow. 

5.4.2  Single-Stage  Axial  Con^ressor  Design  (P3/P1  =  1.48) 

The  design  coi55>leted  for  this  axial  ctanpressor  is  very  similar 
to  the  eixial  first-stage  design  displayed  in  Figure  35 
(Pa/Pi  =  1.432}  for  the  last  iteration  made  for  the  AAVIGV  + 
CFG  compressor. 
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The  design  of  this  stage  was  dictated  by  a  specification  of 
zero  rotor-hub  exit  relative  swirl  for  minimum  hub  diameter 
and,  hence,  minimum  flow-path  distortion  between  the  axial 
and  centrifugal  stages.  The  rotor  tip  speed  was  selected  to 
be  1200  fps  at  the  design  point. 

Slight  modifications  to  the  inlet  hub  contour  of  the  first 
axial  stage  of  the  AA  +  C  compressor  as  reported  in  Paragraph 
5.3.2  were  made.  An  aerodynamic  configuration  was  achieved 
that  acccsnmodates  both  the  30-  and  the  100-percent  off-design 
conditions  with  the  stipulated  IGV  actuation. 

Table  XX  shows  a  summary  of  the  design  results.  Cie  flow 
path  is  given  in  Figure  38. 

5*4.3  Centrifugal  Compressor  Design.  P4/P3  »  7.1:1 

The  design  p^ameter  stu^  carried  out  in  Task  IIA  was  con¬ 
sidered  applicable  for  the  design  of  this  centrifugal  com¬ 
pressor.  A  rotor  blade  exit  angle  of  50  degrees  and  an 
absolute  air  angle  {measured  from  the  radial  direction)  of  69 
degrees  were  specified.  Since  the  design— point  pressure 
ratio  of  this  ccm^jressor  is  7.1:1  and  that  of  Task  IIA  was 
4.7:1,  a  spot  check  was  made  at  another  blade  angle.  The 
change  in  overall  stage  efficiency  vas  the  same  as  that  for 
the  compressor  designed  in  Task  IIA.  No  fiirther  parameter 
examinations  were  made. 

As  with  the  centrifugal  cos^ressor  designed  for  the  two-stage 
axial  con^jressor  configuration,  the  radial  extent  of  the 
vaneless  diffviser  has  been  selected  for  good  efficiency  at 
100-percent  power.  However,  the  overall  stage  efficiency  is 
0.8^  point  lower  in  efficiency  than  anticipated  from  the  work- 
split  study  in  Task  lA.  In  that  stu^,  only  changes  in 
specific  speed  were  considered.  Application  of  the  details 
of  the  aerodynamic  desi^,  resulted  in  a  0.5-point  increase  due 
to  clearance  and  0.3  point  due  to  increased  vaneless  diffuser 
gap  compared  to  the  centrifugal  canpressor  designed  for  the 
two— stage  axial  ccHi5)ressor  configuration.  The  clearance  of 
0.010  in^  is  proportionately  larger,  with  respect  to  the 
rotor  exit  width  for  this  con5)ressor,  than  that  of  tlse  com¬ 
pressor  designed  to  mate  with  two  axial  stages . 

The  compressor  configiiration  is  shown  in  Fig^ure  39.  It 
ffisbures  a  tandem  blade  rcw  for  the  vanec  diffuser*,  a  vane- 
less  bend,  and  a  vaneless  flare,  A  sumjaajcy  of  the  desicn 
results  is  displayed  in  Table  XXI . 
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TABLE  XX.  AERODYNAMIC  DATA  SUMMARY  FOR 
ONE-STAGE  AXIAL  COMPRESSOR 
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TABLE  XXI .  AERODYNAMIC  DATA  SUMMARY  FOR  CENTRIFUGAL 
COMPRESSOR  DESIGNED  TO  MATCH  WITH  ONE- 
STAGE  AXIAL  CO>!PRESSOR 

30% 

Power 

60% 

Power 

100% 

Power 

Inducer  tip  rel.  Mach  No. 

0.985 

1.092 

1.175 

Impeller  tip  speed 

1840.0 

2000.0 

2116.0 

Impeller  exit  abs  Mach  No. 

1.072 

1.140 

1.200 

Vaned  diffuser  inlet 

Mach  No. 

0.875 

0.922 

0,954 

Vaned  diffuser  exit 

Mach  No. 

0.238 

0.224 

0.201 

Compressor  exit  Mach  No, 

0,154 

0.150 

0.135 

5.4.4  Compressor  Matching, 

AVIGV  +  CFG 

Several  matching  iterations  were  made  for  this  final  compres¬ 
sor  arrangement  based  on  compressor  matching  data  and  engine 
cycle  data.  A  satisfactory  match  was  achieved,  and  final 
results  are  displayed  in  Table  XXII.  The  axial,  centrifugal, 
and  overall  compressor  maps  for  this  case  are  presented  in 
Figure  44  and  discussed  in  Section  6. 

5.5  CONCEPTUAL  DESIGN  OF  C0MPR2SS0R  AND  ENGINE 


Based  on  the  aerodynamic  design  of  the  compressor  as  con¬ 
figured  for  thi-s  task  (AVIGV  +  CFG,  F*/Pi  =  10.5  ;1)  and  re¬ 
ported  in  Paragraph  5.3,  a  conceptual  layout  shows  a  mechanical 
arrangement  for  the  compressor  as  it  might  be  incorporated 
in  an  engine  power  section.  The  layout  consists  of  a  cross- 
section  view  of  a  front-drive,  turboshaft-engine  power  sec¬ 
tion,  including  a  free  turbine,  and  is  presented  in  Figure  39. 

The  envelope  of  the  gasifier  section  is  12.6  inches  in  diam¬ 
eter  by  14  inches  long,  while  the  power  turbine  as  shown  adds 
12  inches  to  the  length  to  complete  the  power  section.  The 
engine  diameter  is  set  by  the  7 . 1 : 1-pressure-ratio  centrifugal- 
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TABLE  XXII.  ENGINE  CYCLE  DATA  (CAI 
AVIGV  +  CFG  COMPRESSOR  MATCHING  I 


CONFIGURATION 

SPECIAL 

REMARKS 

POWER 

SFC 

TIT 

(®F) 

COMPRESSOR 

SPEED 

DESIGN) 

COMPRESSOR 

FLOW 

(CORRECTED) 

■ 

{%) 

(HP) 

axial/ 

OVERALL 

(%) 

CENTRIF¬ 

UGAL 

(%) 

axial/ 

OVERALL 

(LB/SEC) 

CENTRIF¬ 

UGAL 

(LB/SEC) 

AXIA 
P  /P 

3 

SINGLE- SPOOL 

DESIGN 

o 

o 

757,2 

.452 

2500. 

IB 

105.2 

3.634 

2.355 

1.671 

COMPRESSOR 

POINT 

60  ! 

454.7 

.491 

2096. 

100. 

3.00 

2.16 

1.48 

AVIGV 

1  + 

P  /P 

4  1 

1 

30 

226. 

.630 

1760. 

91.8 

2.4 

1.8 

1.41: 

!  CFG 

1 

L.  ■■  '  - 

10.5:1 

20 

150.5 

.77 

1620. 

1  87.9 

1 

88.2 

2.15 

1.64 

1.37 

1 
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3  XXII,  ENGINE  CYCLE  DATA  (CALCULATED), 

EGV  + 

CFG  COMPRESSOR  MATCHING  RESULTS 

■ 

CC»!PRESSOR 

FLOV7 

(CORRECTED) 

COMPRESSOR 

PRESSURE 

RATIO 

COMPRESSOR 

EFFICIENCY 

COMPRESSOR 
SURGE  MARGIN, 
(AW  FOR  U/J^  =  CONS 

^RIF- 

r 

L _ 

axial/ 

OVERALL 

(lb/ssc) 

CENTRIF¬ 
UGAL 
(LB /SEC) 

AXIAL 

P  /P 

3  1 

CENTRIF¬ 

UGAL 

P  /p 

*  3 

OVERALL 

P  /P 

*  X 

AXIAL 

%x 

CENTRIF¬ 

UGAL 

T1 

43 

OVERALL 

n 

■«  1 

AXIAL 

{%) 

CENTRIF¬ 

UGAL 

{%) 

1 

B 

3.634 

2,355 

8.249 

13,817 

0.775 

.778 

17. 

4.2 

■ 

fl 

3.00 

2.16 

7.125 

10.545 

0.786 

.788 

18.4 

10.2 

■ 

2,4 

1.8 

5.543 

7.85 

0.83 

0.795 

.7836 

9.7 

13.3 

■ 

9 

2.15 

1-64 

1.37 

4.964 

6,60 

0.79 

0.795 

.7805 

4.6 

15.0 

■ 

I 


Ited), 

Its 

Impressor 

Iressure 

Iratio 

— 

COMPRESSOR 

EFFICIENCY 

COMPRESSOR 

SURGE  MARGIN 
(AW  FOR  N/n/S’  =  CONST.) 

:ntrif- 

UGAL 

p  /p 
■4  a 

OVERALL 
P  /P 

4  1 

AXIAL 

CENTRIF¬ 

UGAL 

f] 

43 

OVERALL 

AXIAL 

{%} 

CENTRIF¬ 

UGAL 

(%) 

OVERALL 

(%) 

8.249 

13.817 

0.892 

0.775 

.778 

17. 

4.2 

6.4 

7.125 

10.545 

0.91 

0.786 

.788 

18.4 

10.2 

12.9 

5.548 

7.85 

0.83 

0.795 

.7836 

9.7 

13.3 

16.0 

4.964 

6.80 

0.79 

0.795 

.7805 

4.6 

15.0 

17.0 
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compressor  stage.  This  diameter  is  obviously  larger  than  the 
ccHubustor  and/or  turbine  sizing  dictates.  Additional  com¬ 
pressor  design  studies  might  be  expected  to  achieve  a  reduc¬ 
tion  in  this  diameter  but  are  beyond  the  scope  of  this 
program. 

5*5.1  Mechanical  Analyses  for  Cosgaressor  Rotors 

Stress  and  displacement  analyses  for  both  the  axial  and  the 
centrifugal  rotors  were  performed  with  use  of  the  finite- 
element  method.  The  elemental  model  is  shown  in  Figure  40. 
The  method  tised  permits  a  good  evaluation  of  displacements 
at  the  hub  anu  shroud  line.  This  is  an  essential  feature 
if  such  displacements  cure  to  be  minimized  to  oexxotit  naming 
with  the  smallest  possible  axial  and  radial  clearances. 

to  ext^sion  of  ^e  analysis  with  existing  progreuns  could 
investigate  the  inelastic  behavior  of  the  components. 

A  summcury  of  values  obtained  is  given  in  Table  XXIII. 

®ie  detailed  results  for  selected  elements  are  given  in  Table 
XXIV  to  illustrate  the  depth  of  the  analysis  conducted  for 
the  rotors. 

The  stress  levels  in  the  aueial  rotor  zure  observed  to  be 
moderate  and  within  the  range  for  a  conventional  design. 

The  stress  levels  obtained  in  the  bore  of  the  centrifugal 
rotor  are  higher  than  would  be  acceptable  in  a  current 
production  rotor.  However,  they  represent  the  initial  state 
of  a  design,  and  subsequent  design  iterations  would  in  the 
normal  course  reduce  stress  levels  and  dir\  flowering  to 
acceptable  limits  and  improve  the  burst  margin. 

The  teE^>erature  range  is  suitable  for  the  material  chosen 
(zmnealed  titanium,  90  Ti-6A1-4V),  Should  a  creep  problem 
persist  in  the  centrifugal  rotoiv  then  a  change  to  titanium 
Ti-6Al-2Sn-4Zr-2Mo  would  be  needed, 

5.5.2  Mechemical  Analyses  for  Engine  Shafting 

The  geisifier  section  is  straddle-mo\2nted  and  incorporates 
conventional  shafting.  Secaiise  of  the  well-established 
aschanical  integrity  of  this  type  of  system,  no  analyses  were 
considered  necessary  to  affirm  the  mechanical  feasibility  of 
this  rotating  group. 
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Figure  40.  Elemental  Model  of  Axial  and  Centrifugal 
Compronaor  Rotors. 


•ShBLK  XXIII.  ISCEAKICAL  J^liALYSZS  FOR 
COMPRESSOR  ROTORS 


Description 

Axial  Rotor 

Centrifugal 

Rotor 

\verage  tangential  stress,  ksi 

27.1 

71.7 

itaxijeuB  blade  stress. 

I  inlet,  ksi 

47.4 

19.8 

biaxistuB  blade  stress, 

I  splitter,  ksi 

7.3 

laxiauB  bore  stress,  ksi 

44.1 

122.4 

toxlaaua  rim  stress,  ksi 

34.8 

37.0 

tis^r  curst  speed,  rjsn 

126,000 

69,400  (115%) 

Blaus  tip  growth,  inlet, 
radial,  inches 

0.0072 

0.0057 

Slade  tip  growth,  exit, 
radial,  inches 

0.0053 

C.0224 

Blade  tip  axial  novenent,  inch 

0.0010 

0.0186 

3ub  weight,  pounds 

0.481 

4.517 

Blade  weight,  pounds 

0.139 

_ 

0 . 351 

All  V2d.\se8  at  66,000  rps. 

Hinimum  biirst  speed  assisaes  minimm  properties  (minxis  35} 
and  a  burst  factor  of  0.9.  


The  pcver  tiorbine  is  straddle-oounted  and  includes  an  integral 
tie-bolt  and  power  turbine  drive  shaft.  This  arremgeiaent  was 
chosen  to  effect  higher  critical  speeds  for  the  power  turbine 
drive  shaft  than  would  result  for  a  singly  s^ported  quill 
shaft  as  exaisined  and  reported  in  Paragraph  5.2.5. 

Anctlyses  were  made  for  this  oechanicetl  arrangesient,  and  results 
are  ^splayed  in  Figure  41  for  the  power  turbine  shaft 
critical  speeds.  The  design  as  finalized  (see  Figure  39} 
resulted  in  a  power  tvirbine  drive  shaft  unsupported  length 
of  16.6  inches. 
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TABLE  XXIV.  MECHANICAL  ANALYSIS  DATA  FOR  SELECTED 
ELEMENTS  OF  COMPRESSOR  ROTORS 


Stage 

Element 

Stress  (in  ksi) 

Radial 

Axial 

Shezuc 

Equivalent 

Axial 

Blade 

47 

39.55 

0 

0.40 

4.46 

40.09 

Axial 

Disk 

20 

1.32 

34.41 

-2.02 

-1.08 

34.93 

Radial 

Blade 

70 

13.47 

0 

-3.93 

-9.06 

22.27 

Radial 

Splitter 

94 

3.12 

0 

-0.97 

-1.19 

4.23 

Radial 

Disk 

38 

10.33 

51.92 

2.38 

_ 

4.12 

46.62 

pisplacements  for  a  typical  element,  node  are: 


Element  65, 

(centrifugal  rotor  rim) 


radial 

axial 


0.0224  ii«:h 
-0.0186  inch 


Ull  values  at  66,000  rpm. 


Figure  42  displays  the  calculated  data  for  power-shaft  radial 
spline  and  bearing  loads.  The  power  turbine  configured  for 
this  task  was  sized  for  40,000  rpm.  The  indicated'bearing 
loads  for  this  case  and  for  an  unsupported  shaft  length  (L) 
of  16.6  inches  show  that  resultant  bearing  loads  are  feasible 
for  long-life  operation. 

Figure  41  shows  that  the  critical  speeds  and  more  importantly 
the  acceptable  operating  regime  is  relatively  insensitive  to 
shaft  length  fran  16  to  19  inches.  Similarly,  Figure  42  shows 
that  the  radial  loads  for  the  spline  and  bearings  are  accept¬ 
able  for  shaft  length  of  17,  18,  and  19  inches.  Based  on  this 
analysis  for  the  A-fC  compressor  it  is  clear  that  an  AA-k: 
compressor  could  be  designed  for  this  application  and  would 
present  no  significant  mechanical  problems. 
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Figure  42.  Power-Shaft  Radial  Spline  and  Bearing  Loads. 
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6.  TASK  III,  COMPRESSOR  PERFORMANCE  PREDICTION 


6.1  DATA  DISPLAY 

The  final  compressor  flow  path  is  displayed  in  Figure  43. 

The  specification  of  zero  rotor  hub  exit  swirl,  combined  with 
a  transonic  inducer- tip  relative  Mach  number,  has  eliminated 
the  usual  transition  section  length.  As  the  axial  compressor 
design  was  finally  configured,  the  rotor  exit  hub  swirl  is 
actually  slightly  negative.  The  inducer-tip  relative  Mach 
number  is  1.092  at  60 -percent  power. 

The  estimated  compressor  performance  characteristics  are  dis¬ 
played  in  Figure  44.  The  axial  compressor  performance  is  a 
combination  of  the  efficiency  of  an  existing  AiResearch  com¬ 
pressor  with  the  range  indicated  by  the  upper  end  of  the  data 
band  in  Figure  2  .  The  centrifugal  con5>ressor  performance 
was  computed  from  the  same  analytical  techni«ves  that  were 
used  in  the  compressor  design  and  which  were  described  in 
Section  3.  The  eamiricai  correlations  that  were  used  to 
design  the  compressor  were  applied  to  the  compressor  geometry 
to  obtain  the  performance  at  off-design  conditions.  The 
ea5)iricism  contains  correlations  used  to  estimate  rotor  surge 
choke,  slip  factor  and  efficiency,  the  friction  coefficient 
for  the  vaneless  diffuser,  and  the  cascade  data  for  the  vaned 
diffuser. 

Included  in  Figvure  43  is  the  identification  of  the  locations 
at  which  vector  diagram  data  are  presented.  The  vector 
diagrams  are  displayed  in  Figxires  45,  46,  and  47  for  the  30-, 
60-,  and  IQO-percent-power  points,  respectively. 

6.2  DISCUSSION 

The  flow  range  from  surge  to  choke  on  the  centrifugal  compres 
sor  and  the  broadness  of  the  efficiency  islands  are  a  result 
of  the  combined  contribution  of  the  rotor,  with  its  backweird- 
leaning  blades,  and  the  temdem  cascade  of  the  vaned  diffuser. 
The  feature  of  backward- le2uiing  rotor  blades  allows  the  roeixi- 
mum  rotor  efficiency  to  occur  at  or  near  the  engine  operating 
line.  In  this  way,  the  rotor-diffuser  system  can  be  matched 
to  obtain  the  highest  possible  stage  efficiency.  For  the 
Vcined-diffuser  inlet  Mach  numbers  that  resulted  from  the 
design  study,  only  the  tandem-cascade  type  of  vaned  diffuser 
has  experimentally  demonstrated  at  AiResearch  the  flow  range 
displayed  for  the  centrifugal  compressor. 


Figure  43.  Compressor  Flow  Path,  Single-Stage 
Axial  Plus  Centrifugal  Compressor, 
AVIGV  -f  CFG. 
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Figure  44.  Estimated  Performance  Char 
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The  surge- to-choke  flow  range  of  the  centrifugal  compressor 
is  basically  a  result  of  data  correlations  from  existing 
in-house  compressor  rotors  and  tandem-bladed  vaned  diffusers. 
As  such,  it  represents  a  system  of  components  that  have  been 
tested  extensively.  There  are,  however,  other  system  com¬ 
ponents  that  could  provide  the  range  for  the  particular 
operating  line  of  this  program  for  the  case  of  a  centrifugal 
compressor  preceded  by  am  axial  compressor.  Reference  2, 
page  5,  shows  a  compressor  map  on  Figure  175,  and  Reference  £ 
shows  a  compressor  map  on  Figure  19  that  could  provide 
adeqiiate  ramge.  Both  these  coa^ressors  use  radial -bladed 
rotors.  In  Reference  2,  the  vamed  diffuser  is  a  rectangular 
passage  diffxiser  (vane  island);  and  in  Reference  6,  the  dif- 
ftiser  is  conical  (pipe  diffuser) . 

Figure  48  shows  a  dimensionless  comparison  of  the  compressor 
map  estimated  for  this  study  and  these  taken  from  References 
2  and  6.  Included  on  the  comparison  are  the  four  operat¬ 
ing  points  from  the  final  cycle  results.  The  surge  line  of 
tie  Boeing  compressor  parallels  that  of  the  Ai Research- 
estimated  map.  The  Pratt  and  Whitney  surge  line  needs  more 
developme:  t  work  in  the  vicinity  of  the  100-percent-power 
point.  However,  on  the  whole,  it  is  clear  that  high-pressure- 
ratio  centrifugal  compressors  can  bo  designed  with  adequate 
surge  margin  for  the  conditions  (match  with  axial  ccOTressor, 
free  power  turbine,  etc.)  of  this  study.  The  es^hasis  on 
state-of-the-art  advancement  lies  on  iii5>roving  the  efficiency 
level. 

The  efficiency  levels  displayed  in  Fart  3  of  Figure  44 
represent  values  expected  to  be  achieved  in  a  3-year  develop¬ 
ment  period.  The  range  required  at  the  60-percent  power 
point  a;  i  an  efficiency  of  G.76  at  the  design-point  pressure 
ratio  cf  7.1:1  have  been  demonstrated.  Development  of  the 
corqjressor  was  not  completed,  but  examination  of  tlie  test 
results  showed  1,0  percentage  point  lost  because  the  dif¬ 
fuser  design  diffusion  was  not  achieved.  With  proper  redesign 
and  tiie  uce  of  a  parametric  study  as  outlined  in  Section  3.2 
to  determine  the  rotor  exit  blade  for  optimum  system  effi¬ 
ciency,  a  design-point  efficiency  of  0.786  ir  achievable. 
Figure  16  shows  a  1. 5-perc<»utags-point  increase  in  efficiency 
between  a  stage  with  a  radial -bladed  rouor  and  one  with  a 
blade  exit  angle  of  50  degrees. 


The  matching  studies  conducted  on  this  program  reveal  the  need 
for  etn  extended  range  of  surge-free  operation  for  20-percent- 
pewer  operation.  This  is  close  to  the  maximina  achieved 
experimentally  but  is  not  an  established  design  capeibility. 
This  is  the  technological  achievement  required  of  the  axial 
compressor  in  order  for  the  inlet  guide  vane  to  be  the  only 
variable  blade  row.  Otherwise,  a  vauried>le  stator  may  be 
required.  This  is  true  whether  t?ia  axial  cos^jressor  has  one 
or  two  stages.  It  is  possible  that  the  range  of  surge-free 
operation  could  be  achieved  by  examining  influences  such  as 
blade  loading,  aspect  ratio-  and  solidity.  This  was  not 
'ii‘^6rtaken  in  the  design  procedure,  since  it  was  considered 
to  be  beyond  the  scope  of  a  preliminary  design  task. 

In  summary,  the  axial  compressor  requires  a  design  capability 
for  a  wide  range  of  surge-free  operation,  the  shift  of 
the  pressure-ratio  characteristics  with  15®  of  preswirl  change 
needs  to  be  established,  and  the  efficiency  predicted  for  the 
centrifugal  compressor  has  to  be  validated.  An  alternate  con¬ 
figuration  to  achieve  the  overall  compressor  matching  wouJd  be 
a  two-stage  centrifugal  compressor.  No  variable  geometry 
would  be  required,  since  the  range  of  surge-free  operation  is 
well  within  centrifugal  compressor  technology-  This  is 
especially  true  of  compressors  with  rotors  having  backward¬ 
leaning  blades. 
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7 


ThSK  IV,  EHGIME  PERFORKANCS  PREDICTION 


7.1  GENERAL 

A  ccicpressor  consisting  of  two  oxial  stages  and  one  centxif" 
ugal  stage  was  selected  for  continuing  study  as  a  result  of 
Task  lA.  Very  satisfactory  performance,  showing  a  close 
approach  to  idealized  values,  was  calculated  for  this  com¬ 
pressor  csobination  with  use  of  variable  inlet  guide  vanes 
during  the  study  conducted  \2nder  Task  IIA.  When  preliminary 
engine  layouts  were  attempted  during  Task  IIB,  difficulty 
was  encountered  in  achieving  a  satisfactory  mechanical  de¬ 
sign  for  an  engine  ea5)loying  a  concentric  ^wer-output  shaft. 
The  inlet  hub  diameter  of  the  two-stage  axial  confessor 
proposed  for  this  engine  was  too  sxcall,  in  combinaticn  with 
the  unsupported  shaft  length  required,  to  achieve  (at  first 
analysis;  an  acceptable  shaft  design  with  the  \^e  of  ^e 
materials  and  technology  anticipated  to  be  available  in  3 
years. 

The  larger  shaft  diameter  and  shorter  length  provided  by  a 
single-stage  axial  ccmipressor  offered  an  immediate  solution 
to  the  shafting  problem.  A  modified  two-stage  axial  com¬ 
pressor  design,  in  conjunction  with  more  detailed  shaft 
analysis  andmechanical  design  ingenuity,  might  be  expected 
to  solve  the  problem,  but  since  preliminary  cycle  analysis 
had  indicated  only  a  small  (0.004)  increase  in  SFC  with  a 
single-stage  axial  and  a  single-stage  centrifugal  ccn^ressor, 
this  combination  was  selected  for  final  analysis  within  the 
contracted  work 

7.2  CALCULATION  PROCEDURE 

Engine  performance  calculations  were  conducted  for  a  single¬ 
spool  gas  generator  operating  with  a  design-point  pressure 
ratio  of  10.5:1.  A  single-stage  axial  compressor  incor¬ 
porating  Vciriable  inlet  guide  vanes  (AVIGV)  and  a  fixed- 
geometry  single-stage  ceatrifugai  c^xopressor  (CFG)  were  used 
in  a  direct-coupled  combinacion.  Cycle  calculations  were 
made  for  50®  decreicents  in  TIT  from  25C0“F  to  i500®F.  A  TIT 
of  2090 ®F  was  also  used  because  this  temperature  was  expected 
to  yield  60-percent  power,  the  design  point.  The  cooling  arr, 
9  percent  of* the  compressor  airflow,  was  assumed  to  re-enter 
the  cycle  unstream  of  the  power  rurbine. 
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7.3 


OVERALL  COMPRESSOR  PERFORMANCE 


The  trend  of  the  overall  compressor  adiabatic  efficiency  as  a 
ftmction  of  power  output  {Figure  49)  illustrates  that  the 
primary  objective  of  the  compressor  matching  study — obtaining 
maucimum  efficiency  at  60-percer)t  power — haxs  been  achieved. 

The  maximum  efficiency  predicted  for  the  actual  matched 
AVIGV  +  CFG  ccmpressor  having  adequate  surge  margin  is  0.788 
con^jared  to  the  maximum  value  of  0.804  predicted  in  Task  lA 
cycle  studies.  The  compressor  efficiency  decreases  by  approx¬ 
imately  one  point  at  both  20-psrcent  power  and  at  100-percent 
power.  Which  indicates  good  performance  over  the  required 
power  range. 

The  airflow  ratio  of  about  1.21  required  between  80-  and  100- 
percent  power  can  be  achieved  by  15®  of  inlet  guide  vane 
actuation,  opening  as  speed  and  power  increase  to  ICO  percent 
and  closing  as  speed  and  power  decrease  to  60  percent.  As 
illustrated  on  Figure  49,  the  corrected  airflow  at  100  per¬ 
cent  power  is  3.63  pounds  per  second — about  21  percent 
greater  than  the  design  airflow  of  3.0  pounds  per  second. 

The  decrement  of  1.6  points  in  overall  compressor  efficiency 
is  significeintly  greater  than  was  anticipated  between  the  use 
of  single-stage  and  two-stage  axial  cen^ressors.  The  greater 
decrement  resulted  from  the  detailed  examination  which  the 
centrifugal  compressor  required  to  produce  a  pressure  ratio  of 
7.1:1  while  being  supercharged.  Greater  losses  were  calculat¬ 
ed  them  anticipated  in  the  diffuser,  both  in  the  vaneless 
space  and  in  the  vemes. 

7.4  GASIFIER  TURBINE  PERFORMANCE 

Since  the  turbine  driving  the  con^iressors  operates  at  only  one 
value  of  coi’rected  flow,  work  coefficient,  and  corrected  speed 
over  ajost  of  the  required  power  turbine  output  range,  it  was 
to  be  expected  that  the  gasifier  turbine  efficiency  would  re- 
mauin  essentially  constant  at  approximately  0.872  (Figure  49). 
Ihe  actiial  speed  varies  from  about  52,7  00  rpm  to  64,600  rpra 
as  the  power  turbine  output  increases  from  20  to  100  percent. 

At  60-percent  power,  the  gasifier  turbine  inlet  temperature 
decreases  about  410°  from  the  saximam  value  of  2960°R  (2S00°P) 
selected  for  100-percent-power  operation.  This  temperature 
change  is  in  close  agreement  with  cycle  calculations  conducted 
during  Task  lA,  which  employed  simplified  and  idealized  com¬ 
ponent  characteristics  for  preliminary  predictions. 
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7.5  POWSR  TURBINS  PERFORMANCE 

A  maxiinvm  efficiency  of  89.0  percent  is  obtained  at  60-percent 
power  (Figure  4S) .  A  decrease  of  4  ooints  is  predicted  as 
power  output  is  increased  to  100  percent,  and  a  decrease 
of  12  points  as  power  output  is  decreased  to  20  percent. 
Although  other  design-point  selections  could  have  been  made 
to  iiaprove  efficiency  at  20-percent  power,  a  sacrifice  in 
PSJ^fomance  at  6{i-  and  100— percent  power  would  have  resulted. 

7.6  ENGIHE  PERFORMANCE 

The  SFC  calculated  at  60-percent  power  is  0.491;  the  30-  and 
100— percent  power  point  SFC's  are  0.630  and  0.452  respectiveii^ 
For  the  60-  and  100-percent  power  points, the  SFC  values 
are  approximately  0.012  point  or  2.5  percent  greater  than 
estimated  during  the  Task  lA  preliminary  cycle  analysis. 

At  the  design  point,  the  power  calculated  for  a  3-pound-per 
second- airflow  engine  is  454,7  horsepower  for  a  specific 
power  of  151.5  horsepower  per  pound  per  second.  At 
power,  the  corresponding  values  are  757.2  horsepower  and 
208.0  horsepower  per  pound  per  second.  The  predicted  per¬ 
formance  is  believed  to  be  very  good  for  an  engine  of  this 
small  airflow  and  power. 

The  primary  re^on  for  the  greater  SFC  calculated  for  this 
engine  compared  to  the  preliminary  cycle  studies  is  the 
lower  overall  efficiency  obtainable  with  this  AVIGV  +  CFG 
compressor  co^ared  to  the  AAVIGV  +  CFG  compressor.  Even 
if  the ^mechanical  design  problem  can  be  solved,  and  it 
probably  can,  an  evaluation  of  the  trade-offs  between  per- 
form^ce  and  complexity  and  dias^ter  versus  length  will  be 
required  before  the  best  choice  of  compressor  for  an  engine 
of  this  size  can  be  made. 
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8. 


CONCLUSIONS  AND  RECOMMENDATIONS 


8.1  GENERAL 

This  stuay  program  has  been  conducted  to  explore  the  compres¬ 
sor  matching  considerations  appropriate  to  achieve  a  useful 
combination  of  axral  and  centrifugal  compressors  for  small 
gas  turbine  engines  (2  to  5  pounds  per  second) .  A  representa¬ 
tive  engine  was  defined  to  facilitate  this  study  and  is 
characterized  as  follows: 

1.  The  turboshaft  engine  has  a  front  drive. 

2.  All  engine  component  performance  levels  are 
advanced  but  considered  to  be  achievable  within 
a  3-year  dev-elopment  period.  Components  are 
optimized  for  design-point  operation,  defined 
as  60-percent  power,  and  sized  for  3.0  pounds 
per  second  flow  at  the  design  point. 

3.  The  compressor  is  a  combination  of  axial  stages 
(one  or  two)  end  a  centrifugal  stage. 

4.  The  turbine  consists  of  a  gasifier  section, 
cooled  to  allow  lOO-percent-power  operation 
at  25G0®F  (TIT),  and  a  free  power  turbine. 

5.  The  engine  operating  range  is  20-  to  100-percent 
power,  and  performance  emphasis  is  on  SFC  at 
60-perc3nt  power  (first  priority)  and  30-percent 
power  (second  priority) . 

The  conclusions  and  recommendations  presented  below  are  based 
on  the  compressor  zaatching  study  made  for  the  representative 
engine  as  defined. 

8.2  CONCLUSIONS 


1.  The  best  matching  arrangement  of  a  single-spool 
compressor  for  part-load  SFC  and  surge-free 
operation  was  selected  to  be  a  combination  of 
variable  inlet  guide  vanes  for  the  axial  com¬ 
pressor  and  fixed  geometry  for  the  centrifugal 
compressor. 

a.  A  fixed-geometry  arrangement  yields  a  poor 
match  for  the  axial  compressor,  resulting 
in  poor  performance  and  axial  compressor 
stall  at  part  load. 
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b.  The  other  cases  of  variable  geometry  studied, 
including  c-unbinations  of  variable  geometry, 
offer  no  ac'/antage  over  the  selected  arrange¬ 
ment. 

2 .  Twin  spooling  with  fixed  geometry  yields  a  good 
compressor  match  for  part-load  performance  .nd  for 
surge-free  operation  over  the  operating  range. 

a.  Front-drive  requirement  complicates  this 

arrangement  to  a  degree  that  it  could  not  be 
justified. 

3.  A  single- spool  compressor  incorporating  either  a 
single-  or  a  two-stage  axial  compressor  can  be 
configured  to  be  compatible  with  the  front-drive 
requirement. 

a.  A  two-stage  axial  compressor  offers  a  perform¬ 
ance  advantage  due  to  1.5  points  higher 
potential  compressor  efficiency. 

4.  A  useful  combination  of  axial  and  centrifugal 
compressors  can  be  configured  and  matched  for  this 
engine  to  achieve  the  following  performance  levels 

a.  Single-stage  axial  SFC  at  60-percent  power, 
0,491. 

b.  Two-stage  axial  SFC  at  60-percent  power, 

0.479. 

5.  Requ-’xaraents  for  compressor  state-of-the-art 
advancements  are  identified  to  be; 

a.  Develop  axial  compressor  for  a  broad  choke-to- 
surge  range  when  combined  with  variable  inlet 
guide  vanes. 

b.  Develop  centrifugal  compressor  for  increased 
efficiency  levels  while  maintaining  broad 
choke- to- surge  range. 

6.  The  optimum  60-percent  power  pressure  ratio  for 
an  engine  having  2500°F  TIT  at  lOO-percent 
power  is  as  follows; 

a.  AA  +  C  compressor,  10.5:1 


b.  A  +  C  compressor,  i0.0;l 


8 . 3  RECOMMENDATIONS 


!•  Conduct  limited  studies  to  complement  the  results  of 
this  program  as  follows: 

(a)  Complete  the  preliminary  design,  matching 
analyses,  and  engine  layout  studies  for  a  two- 
stage  axial  plus  centrifugal  compressor  (AAVIGV 
+  CFG) ,  These  studies  should  provide  for 
direct  comparison  with  the  results  reported 
herein  for  an  AVIGV  -i-  CFG  compressor,  P4/P1  = 
10. 5:1, 

(b)  conduct  preliminary  design,  matching  analyses, 
and  engine  layout  studies  for  a  two-stage 
centrifugal  compressor  with  fixed  geometry. 

The  study  should  provide  for  direct  com¬ 
parison  with  the  AAVIGV  +  CFG  ccanpressor 
in  accordance  with  (a)  above  and  with  the 
AVIGV  +  CFG  compressor  as  reported  herein. 

Select  the  best  compressor  combination  for  the 
engine  defined  for  these  studies.  If  an  axial- 
centrifugal  compressor  combination  is  selected, 
then  conduct  development  progreims  as  set  forth  in 
Recommendations  2  and  3  below, 

2.  It  is  recommended  that  a  program  be  conducted  to 
develop  a  two-stage  axial  compressor  meeting  the 
requirements  of  the  10. 5: 1-pressure-ratio  engine 
cycle.  Variable  inlet  guide  vanes  and  variable 
stators  should  be  employed  in  the  developmental 
test  vehicle  ro  permit  economical  stage  matching 
for  design  and  off-design  conditions. 

3.  If  further  study  with  the  two-stage  axial  com¬ 
pressor  configuration  indicates  more  variable 
geometry  is  needed  than  with  the  single-stage 
configuration,  it  is  recommended  that  a  develop¬ 
ment  program  be  conducted  to  verify  experi¬ 
mentally  the  single-stage  axial  plus  centrifugal 
compressor  combination  with  the  variable  inlet 
guide  vanes. 
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APPENDIX  I 


CYCLE  ASSUMPTIONS 
FOR 

ENGINE  DESIGN-POINT  ANALYSIS 

Component  efficiencies  and  other  required  cycle  performance 
parameters  assumed  for  the  design-point  engine  analysis  are 
listed. 

(a)  Lower  heating  value:  18,400  Btu  per  lb 

(b)  Sea-level,  standard-day  performance 

(c)  Accessory  horsepower:  1.5  hp  per  lb  per  sec  of  mass 

flow 

(d)  Combustion  efficiency:  0.99 

(e)  Combustor  pressure  loss:  6P/P  =5  0.04 

(f)  Mechanical  efficiency:  0.98 

(g)  Compressor  leakage  flow:  ^  a  1.5  percent 

c 

(h)  Transition  duct  loss  between  the  gas  generator 
turbine  and  the  power  turbine:  AP/P  =  0.02 

(i)  Compressor  efficiency:  A  two-stage  eocial  plus 

single-stage  centrifugal  compressor  was  assumed. 

The  overall  ef ficiency-versus-pressure-ratio 
characteristics  are  as  shown  in  Figure  7  of  the 
main  body  of  this  report.  As  listed  in  Figure  7, 
the  60,000-rpra  rotational  speed  line  was  selected 
for  the  design-point  analysis. 

(j)  Gasifier-turbine  component  efficiency:  Efficiency 
variance  for  the  two-stage  gasifier  turbine  is  from 
88.7  percent  for  a  pressure  ratio  of  8:1  to  81.5  per¬ 
cent  for  a  pressure  ratio  of  20:1.  Ihe  gasifier 
turbine  efficiency,  on  a  total-to-total  basis,  was 
vcried  as  a  function  of  compressor  pressure  ratio  a^ 
shown  in  Figure  50. 

(k)  Power  turbine  efficiency:  The  total-to-static  effi¬ 
ciency  is  89.0  percent  for  the  pressure-ratio  range 
of  consideration. 


\ 
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Figure  50,  Tarb: 

Cycl( 


APPENDIX  II 


CYCLE  ASSUMPTIONS  FOR 
ENGINE  OFF-DESIGN  ANALYSIS 


Component  performance  and  other  required  cycle  parameter  data 
assximed  for  the  engine  off-design  analysis  are  presented  in 
this  appendix. 

TURBINE  COMPONENT  MAPS 

Maps  for  the  gasifier  turbine  are  presented  in  Figure  51  and 
show,  respectively,  (a)  efficiency  ratio  )  versus 

DP 

AH  / Tn 

isentropic  head  ratio  ( ~  (b)  corrected  airflow 

firi  /Tsjjp 

(WgyeB/6g)  versus  turbine  pressure  ratio 

Similar  maps  for  the  power  turbine  are  presented  in  Figure  52. 

These  maps  relate  off-design  component  performance  to  design 
values.  Design  values  for  component  efficiency  have  been 
estimated  for  various  cycle  pressure  ratios  and  are  presented 
in  Appendix  I,  The  combined  data  represented  in  these  plots 
were  used  to  fully  define  the  turbine  component  performance 
for  the  engine  analysis  (off-design)  as  conducted  in  Tas)c  lA 
and  reported  in  Section  2. 


IDEALIZED  COMPRESSOR  MAP 

A  two-stage  axial  compressor  map  was  matched  with  a  repre¬ 
sentative  centrifugal  compressor  map,  and  an  overall  compres¬ 
sor  map  was  determined.  Based  on  this,  an  idealized  compres¬ 
sor  map  was  plotted  by  noting  the  maximum  pressure  ratio  and 
maximum  efficiency  for  the  various  speed  lines.  These  values 
were  plotted  without  limiting  range  versus  flow. 


\s  idealized  compressor  map  was  then  nondimensionalized  and 
3  presented  in  Figure  53.  In  this  figure,  efficiency  ratio 
Dp)  and  pressure-rise  ratio  (  (P*/?i)-13/l  (P*/?!  )-11qp 


are  plotted  versus  corrected  flow  ratio 


speed  ratio 


as  a  parameter. 


*  1  . .  ^ 
- -  with 

Wjv/Si/ Si  3  DP 
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Figure  52.  Power  Turbine  Map. 
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PRESSURE  RISE/DESIGN  PRESSURE  RISE,  EPPICIENCV/UESIGN  EPFICIENCY 

(P4/Px-1)/(P*/Px-1)dp  -  PERCENT  V’^C^DP” 


AIRFLOW/DESIGN  AIPJFLOW,  (Wi^/ex/Si  )qp  -  PERCENT 

Figure  53.  Idealized  Compressor  Map.- 
Nondiixsensionalized  From 
AA  +  C  Data. 


This  map  relates  off-design  component  performance  to  design 
values.  Design  values  for  componert  efficiency  have  been 
estimated  for  various  cycle  pressure  ratios  and  are  presented 
in  Appendix  I, 

The  variation  of  efficiency  and  pressure-rise  ratio  with 
speed  in  accordance  with  this  map  is  considered  to  be  repre¬ 
sentative  of  the  peak  efficiency  and  corresponding  pressure- 
rise  ratio  of  a  real  two-stage  axial  plus  centrifugal 
compressor  configuration. 

ENGINE  ANALYSIS  ASSUMPTIONS  (OFF- DESIGN) 


The  engine  off-design  analysis  was  based  on  the  following 
assumptions ; 


(a)  Cooling  flow  was  fixed  at  9  percent  of  the  compres¬ 
sor  through-flow  and  was  assumed  to  bypass  the 
gasifier  turbine  while  producing  work  in  the  power 
turbine  consistent  with  the  cooling-air  temperature. 


(b) 


Accessory  horsepower  was  varied  as  a  function  of 
the  gasifier  speed  in  accordance  with  the  following: 
HP _ =  CN*. 


acc 


(c)  Combustion  efficiency  was  varied  as  a  function  of 

a 

.-a  ~A -  in  accordance  with  Figure  54. 

4A^DP 


(d)  Combustor  pressure  loss  was  varied  as  a  function  of 
combustor  inlet  corrected  flow  in  accordance  with 
the  following: 

combustor  ~  \  Ts/T*). 

(e)  Pressure  loss  for  the  transition  duct  between  the 
gasifier  and  the  power  turbines  was  varied  as  a 
function  of  duct  inlet  corrected  f]ow  in  accordance 

with  the  following:  {AP/P7)  =  Ca  ^2^2.)  , 
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APPENDIX  III 


lOTRODUCTION 


ENGINE  CYCLE  RELATIONSHIPS 


The  matching  of  am  axial  compressor  (single-stage  or  mulci- 
stage)  to  a  centrifugal  con^ressor  depends  on  Uie  link  between 
cycle  reqtiirements  at  design  point  and  some  off-design  refer¬ 
ence.  Sometimes  this  link  is  siii5>ly  between  the  maximum  rated 
power  at  design  point  cind  a  surge  margin  requirement  at  an 
off-design  condition  at  some  speed  below  design.  In  the  case 
of  the  present  matching  study,  besides  providing  for  low-speed 
s’urge  margin,  the  compressor  match  must  be  such  that  the 
engine  power  at  design  speed  and  flow  is  60  percent  of  the 
power  achievable  at  some  speed  above  design  at  a  TIT  of 
2500°P.  To  achieve  a  match  that  satisfies  the  cycle  require¬ 
ments,  the  con^iressors  must  be  mated  in  a  way  that  achieves 
the  pressure  ratios,  flows,  and  speeds  at  the  60-  and  100- 
percent-power  points. 

The  objective  of  the  study  j  to  achieve  as  small  an  SFC  as 
possible  at  60-percent  power  without  sacrificing  performance 
at  full  power  or  stable  operation  at  low  power.  A  necessary 
condition  for  this  achievement  is  the  attainment  of  thfe  high¬ 
est  possible  overall  compressor  efficiency  at  the  60-  and 
100-percent-power  points.  A  match  that  satisfies  the  pressure 
ratio,  flow,  and  speed  requirements  at  the  two  power  points 
with  fixed  turbine  geometry  may  not  yield  the  maximum  possible 
overall  compressor  efficiency  at  the  two  power  points  or 
adequate  surge  margin  at  low  power  points  (30  percent,  20  per¬ 
cent)  .  The  cycle  requirements  may  force  a  match  at  the  high 
power  points,  which  occurs  off  of  peak  efficiency  on  both  the 
axial  cind  the  centrifugal  compressor,  and  which  forces  low- 
power  operation  near  the  surge  line  of  one  of  the  compressors. 
Variable  compressor  gecm-etry  is  then  needed  to  achieve  the 
desired  match. 

This  section  discuss- s  the  problems  involved  in  the  USA.AVLABS 
axial/centrifugal  compressor  matching  study  and  the  use  of 
variable  inlet  guide  vanes,  veuriable  centrifugal  con5)ressor 
diffuser  vanes,  euid  twin  spooling  to  satisfy  all  the  cycle 
requirements . 

ENGINE  CYCLE  ANALYSIS 

The  gasifier  turbine  heis  two  stagey  which  are  connected 
together  for  the  single-spool  coc^ressor  configuration  and 
which  are  sepeorated  for  the  twin-spool  configxiration.  In  the 
latter  case,  the  first  turbine  drives  the  centrifugal 
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compressor  and  the  second  drives  the  tixial  compressor.  Nine 
percent  of  the  compressor  flow  is  used  for  cooling  in  the 
gasifier  txirbine  unit.  The  power  turbine  is  free  to  rotate 
independently  of  the  gasifier  turbine;  it  rotates  at  a  con¬ 
stant  physical  speed,  since  the  engine  is  to  be  used  for  heli¬ 
copter  application.  At  the  60-  and  100 -percent-power  points 
the  gasifier  and  power  turbines  are  choked. 

It  can  be  shown  that,  because  the  t^lrbines  are  choked  and 
because  of  the  desirability  of  operating  the  gasifier  turbine 
at  peak  efficiency,  the  pressure  ratio  across  the  gasifier 
txirbine  and  its  c  Drrected  flow  and  work  remain  invariant  over 
the  power  range  from  60  to  100  percent-  The  constancy  of  the 
gasifier  corrected  work  contributes  to  determining  the  physi¬ 
cal  speed  ratio  that  influences  the  compressor  match.  The 
pressure  ratio  cind  flow  required  of  the  match  at  100-percent 
power  depend  on  the  percentage  of  power  and  compressor  pres¬ 
sure  ratio  at  the  design  point  and  the  TIT  at  100-percent 
power.  The  proof  is  shown  in  the  following  paragraphs. 

Combustor  loss,  fuel  flow,  and  leakage  are  neglected  in  this 
simplified  analysis.  If  gasifier  and  power  turbines  are 
choked,  then  with  cooling  flow  passing  back  into  the  flow 
path  in  front  of  the  power  turbine. 


PsAb 


P7A7 


Constant 


(9) 


Consequently , 

Pb  _ 

Pf  As  y  T,  W 

(10) 

Now  the  gasifier  tvudaine  pressure  ratio  can  be  expressed  in 
terms  of  its  actual  tei!5)erature  ratio  and  polytropic  effi¬ 
ciency  ;  n2unely , 


ii. 

P7 


(il) 


r 
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Equating  (10)  to  (11)  and  rearranging. 


1 

2 

(12 


If  the  turbine  gecxnetry  is  constant,  if  the  polytropic  effi¬ 
ciency  is  independent  of  Tb,  and  if  the  percentage  of  cooling 
flow  is  constant,  then 


T*  Pk 

=  constant  and  ~  =  constant  (13 

17  r? 


(Y-l)ri, 


Turbine  adiabatic  efficiency  vatries  with  applied  pressure 
ratio,  as  shown  in  Figure  55. 


Figure  55.  Typical  Turbine  Efficiency/ Pressure 
Ratio  Chauractcristic. 

A  similar  plot  can  be  shown  for  the  vauriation  of  ^?-5:^:=iency 
with  corrected  speed  for  a  given  pressure  ratio,  St.  peak 
efficiency/ 


^  (Ps/P,) 


=  Const. 


Pb/P?  =  Const. 


In  fact,  the  efficiency  carves  are  flat  within  e:cperiniental 
error  over  a  small  range  of  pressure  ratios  and  speeds.  If^ 
increase  in  Ts  attempts  to  move  the  operating  point^Jro-^ffTToSher 
place  on  the  turbine  nap,  the  adiabatic  and^,..Jienee7the  poly¬ 
tropic  efficiency  can  remain  constant,..©ve?atcertain  range  of 
pressure  ratios  and  speeds.  But:,-irf'^e  polytropic  efficiency 
does  not  change,  then  for  fixed  turbine  geometry,  the  tempera¬ 
ture  ratio  across  the  turbine  is  invariant  according  to 
Equation  (12) .  The  gasifier  turbine  pressure  and  temperature 
ratios  are  therefore  invariant  with  changes  in  Tb  as  long  as 
both  turbines  zure  choked  and  the  operating  point  is  on  peak 
efficiency.  When  the  gasifier  turbine  is  choked,  the  cor¬ 
rected  flow  is  constant  and  must  be  satisfied  as 

Tb  changes. 

The  changes  in  compressor  performance  as  Tb  changes 
determine  the  positions  of  the  operating  point  on  the  turbine 
map.  The  statements  of  the  previous  paragraph  are  equivalent 
to  saying  that 


(«) 


=  constant 


Even  though  this  is  true,  the  values  of  work  coefficient  and 
rotational  speed  that  combine  to  give  this  constant  depend  on 
the  compressor  work. 

The  compressor  and  turbine  works  can  be  expressed  by 


W.,  =  W„  K  N_* 


where  and  are  kinds  of  work  coefficients  based  on  rota¬ 
tional  speed.  Equating  the  left  sides  of  Equations  (15)  and 
(16)  and  using  Equation  (14), 


(AH^Ts)  Ts 


(17) 


Hence,  the  ratio  of  compressor  work  at  100-percent  power  to 
that  at  60- percent  power  is 


100 


[(Wy-W^)  Tb] 


100 


Afi, 


t60 


WV^60 


Combining  Equations  (15)  and  (18), 


(IS) 


N 


100 


N, 


60 


V  {wy  w^,) 


100 


60 


(19) 


For  constant  percentage  of  cooling  flow  and  compressor,  work 
coefficients,  the  compressor  rotational  speed  changes  propor¬ 
tionately  with  the  square  root  of  the  TIT.  However,  as  com- 
oressor  efficiency  falls  off,  the  less  the  difference  is 
between  N^^qq  *^60'  constant  gasifier  corrected  work 

[Equation  (14) 3 ,  turbine  work  coefficient  must  be  increased  as 
speed  decreases.  This  can  also  be  observed  by  equating  the 
right  sides  of  Equations  (15)  and  (16) : 


(20) 


For  constant  percentage  of  cooling  flow,  and  since 

Nc/Nt  =  1  (21) 

then 


=  constant 


(22) 


Hence,  as  the  compressor  work  coefficient  increases,  so  does 
the  turbine  work  coefficient. 

To  complete  the  determination  of  the  speed  ratio  in  Equation 
(19) ,  it  is  necsss2u:y  to  determine  the  TIT  ratio.  It  can  be 
shown  that  this  is  a  function  of  the  compressor  efficiency 
variation  with  speed  and  the  selection  of  the  design-point 
power  ratio. 


The  power  ratio,  PR,  is  the  power  at  design  point  (DP)  divided 
by  maocimum  power  (100)  . 


^PTDP  ^DP 
*^^100  ^100 


(23) 


The  compressor  specific  work  can  be  expressed  in  terms  of  its 
pressure  ratio  and  polytropic  efficiency,  rj^p,  as 


\ 

\ 


r  i=L. 

YTJ 


1 


(24) 


The  gasifier  turbine  pressure  ratio  can  be  expressed  in  terms 
of  the  compressor  work.  From  Equations  (24)  and  (17), 


r 


1 


V _ 

(Y“— )^ijip 


Y 

(y~^) 


The  presstire  ratio  across  the  power  turbine  at  design-point 
power  is 
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(25) 


(p.M)bp 


1 


+ 


Tx 


The  power  turbine  enthalpy  change 


at  design-point  power  is 


AHpTDp 


(26) 


Since  it  has  just  been  shown  above  that 


100 


then 


(27) 


Substituting  Equations  (25)  and  (26)  into  Equation  (23),  we 
get 


(30) 


Again,  frc a  Equation  (13), 


—  T* 

■■^100  ~  "^DP 


(31) 


Since 
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Equation  (31)  becomes,  after  substituting  (32), 


Substituting  Equations  (29)»  (30)  and  (33)  into  Equation  (28), 
we  get 


Combining  Equations  (ig)  and  (24) 


we  get 


Y-1  n 


Equations  ^34)  and  f35)  show  that  the  compressor  pressure 
ratio  at  100-percent  power  is  a  function  of  the  compressor 
pressure  ratio  at  design-point  power,  the  TIT  at  100-percent 
power,  and  the  fraction  of  compressor  flow  used  for  turbine 
cooling  at  design  point  and  100-percent  power,  under  the 
assumptions  of  negligible  differences  in  Cp  and  the  component 

polytropic  efficiencies  over  the  power  range.  For  the 
matching  study. 


V7^w^  =  constant 


Therefore,  the  compressor  pressure  ratio  is  fixed  for  speci¬ 
fied  values  of  power  fraction  at  design  point  and  TIT  at 
100- percent  pov/er.  In  consequence,  the  TIT  ratio  between 
design  point  and  full  power  is  determined  [Equation  (35)],  as 
is  also  the  flow  ratio  [Equation  (29)].  For  the  present  study, 
the  power  percentage  at  design  point  is  0.60  and  the  TIT  at 
100-percent  power  is  2500®F. 

Note  that  the  pressure  ratio,  TIT,  and  flow  ratios  between 
design  point  and  100- percent  power  are  the  same  whether  the 
compressor  is  single-  or  twin-spooled.  The  speed  relation¬ 
ship  in  Equation  (21),  however,  is  true  only  for  a  single¬ 
spool  compressor.  In  the  case  of  the  twin-spool  configu¬ 
ration,  the  flow  and  pressure-ratio  fractions  will  deter¬ 
mine  the  speed  ratio.  The  axial  compressor  has  a  larger 
corrected  flow  difference  tlian  the  centrifugal  compressor 
between  60- and  ICO-percant  powers.  Consequently,  the  axial 
compressor  speed  ratio  will  increase  with  twin  spooling.  The 
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centrifugal  compressor  corrected  flow  ratio  depends  on  the 
inducer  inlet  conditions.  The  axial  compressor  pressure  ratio 
will  not  change  with  spool  configuration,  but  the  efficiency 
can  change  as  a  result  of  the  speed  ratio.  If  the  match  is 
near  peak  efficiency,  the  change  will  be  small,  and,  hence, 
the  centrifugal  compressor  speed  ratio  will  change  very  little 
with  change  in  spool  configuration. 

The  power  ratio  can  be  written  as 


Assuming  constant  specific  heat,  substituting  Equations  (29) 
and  (35),  and  rearranging,  we  get,  for  constant  cooling-flow 
fraction. 


If  the  right  side  of  Equation  (36)  were  constant  or  changed 
very  little  with  power  turbine  press  are  ratio,  the  ratio  of 
the  compressor  pressure  ratio  at  the  two  power  points  would  be 
constant  or  would  change  very  little.  The  power  turoine  pres¬ 
sure  ratio  at  design  point  depends  on  the  TIT  at  design  point. 
A  fixed  ratio  of  pressure  was  assumed,  and  the  right  side  of 
Equation  (36)  was  evaluated  at  four  TIT's:  1600®F,  1800“F, 
2000 °F,  and  2200 ®F.  The  ratio  of  the  value  of  the  right  side 
of  Equation  (36)  at  2000 °F  to  that  value  at  any  other  temper¬ 
ature  is  plotted  in  Figure  56.  Ihe  plot  shows  that  the  right 
side  of  Equation  (36)  is  approaching  a  constant  value  at 
temperatures  above  2000®F.  In  fact,  it  varies  ±3  percent 


between  1900“F  and  2200®F.  To  a  first  approximation,  then, 
the  change  in  pressure  ratio  between  design  point  and  full 
power  is  determined  by  the  power  ratio.  This,  in  turn,  means 
that  the  flow  and  TIT  ratios  are  set  by  the  power  ratio.  To 
a  very  close  approximation,  then,  for  design- point  TIT  above 
2000®F,  the  flow,  ctxnpressor  pressure-ratio,  and  TIT  ratios 
are  determined  by  the  specification  of  design-point  power 
fraction. 

Equation  (36)  can  then  be  rewritten  as 


CONSTRMT 

PR 


(37) 


Equation  (37)  shows  that  the  ccxnpressor  pressure-ratio  dif¬ 
ference  increases  as  power  ratio  decreases.  Thus,  the  lower 
the  specified  design-point  power  fraction  is,  the  more  dif¬ 
ficult  the  cempresser  matching  becomes.  Relative  flow  and 
pressure-ratio  values  between  design  point  and  lOO-jJercent 
power  increase;  thus,  available  flow  range  from  surge  to 
choke  is  taken  up.  The  TIT  at  design  power  decreases;  thus, 
SFC  for  a  given  design-point  pressure  ratio  is  raised. 

If  the  compressor  polytropic  efficiency  change  from  design 
point  to  100-percent  power  is  very  small.  Equation  (37)  shows 
that  the  pressure  ratio  at  iOO-percer.t  power  is  primarily  a 
function  of  design-point  power  ratio  for  a  given  value  of 
design- point  pressure  ratio.  Under  the  same  assumption. 
Equation  (35)  shows  that  the  TIT  ratio  is  determined  by  the 
design-point  and  100-percent  power-point  pressure  ratios. 
Therefore,  the  temperature  x'atio  is  also  determined  priioarily 
by  the  power  ratio.  Consequently,  the  speed  ratio  in 
Equation  (19)  is  primarily  determined  by  the  design-point 
power  ratio,  for  fixed  percentage  of  cooling  flow  and  com¬ 
pressor  work  coefficients  between  design  point  and  100-percent 
power.  Finally,  Equation  {29)  shows  that  under  the  same 
logic,  the  flow  ratio  is  also  determined  from  the  selection  of 
design-point  power  ratio. 
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APPENDIX  IV 


INLET  GUIDE  VANE  ANALYSIS 


The  purpose  of  this  appendix  is  to  derive  and  display  the 
relationships  that  were  used  to  shift  the  pressure  ratio  air¬ 
flow  chciracteristics  of  the  aixial  compressor  with  the  appli¬ 
cation  of  preswirl.  The  theory  is  applied  to  aerodynamic 
conditions  at  the  mean  line  of  the  axial  craapressor  rotor - 
Two-dimensionality  (constant  streamline  radius)  is  assumed, 
along  with  the  constancy  of  the  axial  velocity  across  the 
rotor.  The  equations  are  derived  for  a  reference  condition 
of  the  scune  inlet  air  angle  (relative  to  the  rotor)  at  the 
zero  preswirl  reference  point  and  the  nonzero  preswirl  point 
of  interest. 

The  stage  pressure  ratio  can  be  written  in  terns  of  the  tem¬ 
perature  for  the  ideal  enthalpy  rise  and  stage  efficiency. 
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The  axial  velocity  can  be  written  as 

V  -_JL_ 

z  ~  TNBi+TKS^ 
s 


(39) 


Substituting  Equation  09)  into  Equation  PSV  we  get 


1  + 


gJCpTi 
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(40) 


The  flow  change  is  canputed  from  the  continuity  equation. 
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Equations  (4^  and  (41 )  were  used  to  compute  the  following 
ratios : 


3  _5^0 
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Mak«‘  the  following  pen  and  ink  change: 


Fiijure  4,  page  11  -  The  ordinate  values  shown  on  Figure  44  are 

in  error  by  S  percentage  points.  The  ordinate 
shouhl  be  changed  to  encompass  efficiencies 
of  7S  to  100  percent  rather  than  TO  to  9S  percent 
as  :i<»w  shown. 


